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ABSTRACT

NUMERICAL AND EXPERIMENTAL ANALYSIS OF AIR-COOLED CONDENSERS
By
Kaipo Kekaula
Dr. Yitung Chen, Advisory Committee Chair
Professor, Department of Mechanical Engineering
University of Nevada, Las Vegas

The scope of this project is to numerically and experimentally dry cooling process in air-cooled
condensers (ACCs) designed for concentrated solar power (CSP) applications. This effort is driven
by the growing economic and political pressure to reduce water consumption during power
generation due to limited water resources in the arid geographic climate of the southwestern United
States. A computational approach is used in conjunction with experimental validation to gain a
more complete understanding of these systems.
Traditionally research into ACCs have been largely limited to air-side heat transfer modelling as it
accounts for a large portion of the total thermal resistance. Recent studies, however, indicate that
impact of steam-side thermal resistances is often more significant than previously reported.
Additionally, as the thermal performance of the air-side heat transfer is improved, the heat and
mass transfer characteristics of the steam-side must be considered in greater detail. To improve the
mathematical model of the steam-side phenomena, the impact of both rotation and divergence of
the nonconservative Nusselt velocity vector field on film growth and mass conservation are
investigated and a new film thickness equation is introduced. Nusselt thin film assumptions are
iii

implemented to derive the governing differential equations for mass, and energy and momentum.
A transformation for effective peripheral angle during stratification is derived based on the
assumed linear interface between liquid and vapor of Chato at the lower part of the tube. An
expression for entrance length, 𝐿∗𝑒 is introduced as a function of inclination angle. The results for
heat transfer ratio have been compared with experimental data and an empirical correlation from
literature and a good agreement was obtained and shown between them.
An analysis of filmwise condensation of a pure vapor in inclined non-circular tubes using cubic
Bezier curves is presented. Nusselt thin film theory is modified to derive the governing differential
equations for momentum, mass, and energy for a generalized surface contour. Elliptical and ovoid
tube profiles are investigated and the film thickness and Nusselt number are compared to that of a
circular tube on the basis of equivalent surface area. It was found that for a given surface area, the
pressure drop in a circular tube is the lowest, however, entropy generation due to heat transfer can
reduced by increasing |𝑌2 |/𝑋2. Ovoid tubes can achieve superior heat transfer performance over
elliptical tubes on the basis of equivalent aspect ratio, |Y2|/X2 however, this enhancement
diminishes with increased inclination angle. The pareto dominant solutions are correlated to
inclination angle and heat transfer enhancement and a new relation is proposed.
To relax the standard isothermal condition applied to the wall, the air-side heat transfer coefficient
is coupled with the film thickness equation to investigate the impact on the condensate film growth
and the HTC of the condenser. The air-side fluid flow is modeled using ANSYS Fluent and the
Nusselt thin film theory was used to describe the film thickness in the upper part of the tube interior
and a pool condensation model is used to define the axial flow in the lower part. The analysis was
successful in showing that air-side transport phenomena can have a measurable impact on the
condensate film distribution.
iv

Finally, A full-sized ACC test apparatus was constructed to investigate dry cooling performance
and potential modifications. 608 data points were experimentally obtained over a wide range of
ambient temperature and compared with 8 commonly used correlations from the available
literatures. The ambient temperature changes from 3° to 45°C, the steam mass flux varies from 3
to 18 kg/(m2·s), vapor quality ranges from 0.51 to 0.86. An improved two-phase frictional pressure
drop correlation based on the Wallis correlation is proposed. The new correlation agrees well with
the experimental database and outperforms all other tested correlations with a MAPE of 16.84%
and a NRMSE of 20.45% while being able to predict 91.41% of the experimental data within 30%.
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CHAPTER 1
INTRODUCTION AND BACKGROUND

1.1

INTRODUCTION

The development and integration of renewable energy resources is a critical to reducing
greenhouse gas emissions and meeting global energy demands. Among renewable energy
technologies, solar energy has been identified as one of the most promising sources. The two most
prominent types of solar power technologies are photovoltaic (PV), which generates electricity
directly from the sun, and concentrated solar power (CSP), which use mirrors to focus sunlight
and produce high-temperature thermal energy which is then converted into mechanical energy and
then electrical energy [1].
In 2011, the Department of Energy (DOE) created a program called the SunShot Initiative and
established aggressive cost targets for reducing the levelized cost of electricity (LCOE) for both
utility-scale PV and concentrated solar power combined with thermal energy storage (CSP-TES)
systems by roughly 75% to $0.06/kWh by 2020 [2]. Utility-scale photovoltaics achieved the 2020
cost target three years early in 2017 (DOE 2017) and while current estimation of the LCOE of
CSP-TES type systems are approximately $0.073/kWh, technology experienced the highest yearover-year price drop in LCOE (-26%) in 2018 and is projected to experience a sharp decline in
price over the next 2-3 years [3].
While PV continues to be more cost-effective and energy efficient, CSP is differentiated by the
ability to provide stable dispatchable energy to the power grid and integrated thermal energy
storage systems or supplementary combined cycle natural gas (CC-NG) systems [4]. The
1

International Energy Agency (IEA) has indicated that CSP is very likely to be a major component
of the global energy portfolio and could provide 11.3% of total electricity by 2050 [5].

Fig. 1.1: Concentrated solar power plant (CSP) located at Crescent Dunes power plant (DOE)

The southwestern United States is one of the best locations in the world for solar energy generation
due to abundant direct normal irradiance (DNI). Nevada in particular is well positioned to take
advantage of the massive potential for clean, sustainable energy with enterprises such as the CSP
system in the Crescent Dune Solar Energy Project depicted in Fig. 1.1. Unfortunately, as with most
desert climates, the plentiful insolation of the region is coupled with scarce water
resources. Reducing the water consumption is crucial for maintaining CSP as a cost competitive
technology in the state. Like most thermoelectric power plants, the cooling system of a CSP plant
is generally the largest source of water consumption due to the heat rejection requirement
thermodynamic power cycles. Traditionally, this cooling came from using lakes and rivers to expel
waste heat, but the number of power plants using dry cooling which rejects heat into the air, has
increased in recent years, particularly in CSP plants [6]. Despite the reduction in water
2

consumption when using ACCs, overall, there market penetration has been limited in the U.S. as
a result of significant tradeoffs in terms of efficiency and capital investment.
The focus of the present research is to develop analytical, computational, and experimental
techniques to address the following challenges in an effort to make dry cooling, and by extension
CSP more sustainable in the state of Nevada.
•

Capital costs: Air-cooled condensers demand larger capital investment when compared to
equivalent wet-cooled condensers because of the lower heat transfer coefficient and heat
capacity associated with air when compared to water. This forces engineers to design larger
heat exchangers incurring additional expenses for support structures. On the whole, total
costs for ACC systems are roughly 3.5-5 times higher than a wet cooled system with the
same capacity [7].

•

Larger footprint: Not only do the larger condensers design associated with dry cooled
cost more to manufacture, but they consequently also require additional land.

•

Performance Penalty: ACC systems experience an average performance penalty when
compared to wet and hybrid cooling systems on the order of 3-4% at the plant level [1]

•

Subject to ambient conditions:
o High dry bulb temperatures increase the condensation pressure of steam and
which can reduce power output by 10-20% on the hottest days of the year [7].
o Wind conditions can potentially degrade ACC heat transfer by causing
recirculation of the hot plume and reducing fan performance [8], [9] and even cause
air reverse [10].
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1.2

AIR-COOLED CONDENSERS (ACC)

In the U.S., all current dry cooling systems use mechanical-draft direct-coupled air-cooled
condensers (ACC). Conventional ACC systems are designed in an A-frame configuration and in
this setup, steam enters the parallel tube bundles from a large manifold at the apex of the condenser.
Air flow is directed over the finned tubes by a large fan at the bottom of the condenser in a cross
flow direction. The removal of heat from the tubes results in the condensation of the steam which
collects at the bottom of the system. Low mass flux and heat transfer coefficients of the condenser
tubes typically result in the flow regime within the pipes to be stratified or stratified-wavy.

Fig. 1.2: Schematic of A-frame air-cooled steam condenser
1.3

AIR-SIDE

The heat transfer involved ACCs has been traditionally focused around the analysis of the air-side.
Typical A-frame ACC tubes are cooled by fan-driven air flowing perpendicular to the axial
component of the steam flow. This process is known as cross-flow heat transfer and has been
widely investigated in the literature for the cases of isolated cylinders as well as cylinder tube
4

banks [11]–[14]. Due to the local heat transfer coefficient varying greatly around periphery and
volatility associated with the detached turbulent region, there have been numerous experimental
and numerical investigations to characterize the flow. Numerical models were initially based on
steady state conditions for low Reynolds numbers. Krall and Eckert [15] provided one of the earlier
experimental investigations of the local heat transfer characteristics of cylinders in crossflow. Chun
and Boehm [16] provided a numerical study on the local heat transfer on a plane circular tube with
cross flow using a symmetric steady grid. In a later paper, the same authors determined that a nonisothermal boundary condition could significantly affect the results.

1.4

STEAM-SIDE

1.4.1 Heat Transfer
Most literature on the steam-side of heat exchanger is focused on the overcoming the mathematical
complexity associated with multiphase flow problems with phase change. The film condensation
theory is the most prevalent analysis and was pioneered by Nusselt [17] and further expanded by
Nusselt and Rohsenow [18]. The thin film assumption that was introduced is used in nearly all
film condensation models and has been experimentally validated to give a good representation of
the heat and mass transfer phenomena. The condensation on inclined tubes have been solved
analytically by Fieg and Roetzel [19] using this thin film theory along the upper wall region. This
however does not account for the accumulation on the lower portion of the domain. To remedy
this, Chato [20] proposed splitting the domain into two parts, the upper thin condensate film and
the accumulated axial flow region at the lowermost point of the tube and this is separated by the
stratification angle, ϕs. Wang and Du [21] and later Lips and Meyer [22] proposed using an arc
shaped interface for the lower accumulation zone. Rose et al. [23] was one of the few papers to
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stray from the most commonly used isothermal boundary condition when calculating the film
condensation in and on circular tubes assuming a cosine temperature distribution on the tube
surface.
The analysis of thin films has since been extended from vertical tubes to both horizontal and
inclined tubes. Hassan and Jakob [24] were among the first to analytically study film condensation
of vapors on an inclined cylinder by extension of classic Nusselt condensation theory. The results
the experimental results were higher than predicted by the analytical equation as a result of the
rippling in the condensate film that was not included in the model. Kamminga [25] extended the
research of Hassan and Jakob by solving the partial differential equation via the method of
characteristics and developed an analytical expression for the film thickness in an inclined tube.
He presented the general equation for heat transfer coefficient in integral form and simplified the
expression for certain special cases.
Wang and Ma [26] investigated condensation heat transfer in thermosyphons in both vertical and
inclined configurations and presented the following semi-empirical correlation, concluding that
the inclination angle with optimal heat transfer is in the range of 20-50º.
̅̅̅̅
𝑁𝑢
𝐿 𝑐𝑜𝑠𝛽/4
(0.54 + 5.68 × 10−3 𝛽).
=
̅̅̅̅
𝑅
𝑁𝑢𝑣

(1)

Mosaad [27] studied filmwise condensation on circular tubes that have been inclined, expanding
the classic Nusselt analysis to include combined free and forced convection. Approximations were
used to represent the interfacial shear stress and a solution for average HTC was presented. Fiedler
and Auracher [28] experimentally and analytically studied reflux condensation in small diameter
pipes. They summarized that the angle of inclination effect on flooding point and heat transfer
coefficient was substantial. They also reported that the inclination angle optimal for maximum
6

flooding vapour velocity occurs between 45º and 60º and that the inclination angle which is optimal
for heat transfer was close to 40º.
In their investigation of condensation in inclined tubes in the stratified flow regime, Saffari and
Nazziri [29] predicted the heat transfer coefficient distribution in the axial and tangential
directions. They found the optimal inclination angle for maximizing heat transfer to be in range of
30-50º from the horizontal for R134a, R141b and R11. Meyer et al. [30] experimentally examined
how saturation temperature can impact the condensation heat transfer with R134a as the working
fluid. They determined that in general, HTC decreased with increasing condensing temperature
regardless of inclination angle. For lower mass flux (100-200 kg/m2s), they reported an optimal
angle for heat transfer between 15 and 30º from the horizontal and that an increase in saturation
temperature increased the impact of inclination.
Nada and Hussein [31] analytically and experimentally investigated condensation of saturated
vapor on smooth tubes at inclination angles ranging from 0º to 90º. It was found that a decrease in
temperature difference resulted in an increase in Nusselt number for both the experimental and
theoretical analysis. The theoretical results compared favorably for both horizontal and vertical
orientations. To account for the deviation for intermediate angles, a semi-analytical correlation for
condensation of vapor on tubes at various inclination angles was presented.
To improve the thermal performance of heat exchanger tubes there has been numerous
investigations into the implementation of noncircular tubes as well. Fieg and Roetzel [19]
investigated condensation on elliptical tubes inclined from the horizontal and presented the heat
transfer coefficients comparing the results to a circular tube with the same tube surface area. Chiou
et al. [32] investigated condensation heat transfer inside elliptical tubes taking into consideration
both surface tension and gravitational forces on condensate film. They concluded that elliptical
7

tubes demonstrated improved thermal performance from that of a circular surface. Surface tension
was found to have an appreciable impact on local heat transfer coefficient and film distribution but
not on the overall HTC.
Mosaad [33] theoretically explored condensation under mixed convection conditions on the
outside of elliptical inclined tubes and found the local heat transfer around the circumference of
the tube for different ellipticity and a mixed convection parameter. He concluded that inclined
elliptical tubes have a superior performance when compared to inclined circular tube with the
equivalent effect diameter where the ellipse major axis is aligned with gravity. In contrast to the
more frequent consideration of laminar condensation heat transfer, Hu and Chen [34] studied
condensation on elliptical inclined tubes with turbulent flow. They found that for lower vapor
velocities, a high value of eccentricity increases the local heat flux on the upper portion of the tube
and decreases the heat flux on the bottom, but that overall elliptical tubes are superior for heat
transfer.
Dutta et al. [35] provided a theoretical study of steam condensation on noncircular tubes with a
radius of curvature that progressively increases in the direction of gravity and found improved heat
transfer over circular tubes with equivalent surface area. Nikitin and Seminov [36] conducted an
investigation of filmwise condensation on vertical and inclined noncircular tubes (elliptical,
logarithmic, constant curvature gradient) taking into account surface tension. They reported that
nonuniform distribution of the condensate film caused by varying the tube cross-section did not
yield a significant difference in average heat transfer coefficient.
In their study, Memory and Rose [23] investigated the validity of the Nusselt idealization of an
isothermal tube, instead assuming a cosine distribution around the periphery. The variation of tube
surface temperature was deduced to have a very small impact on average heat transfer and from
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this it was concluded that the original implementation of a mean temperature difference would
yield accurate results. Hu and Chen [37] further investigated turbulent condensation with variable
wall temperature on inclined tubes by incorporating the effects of interfacial shear and eddy
diffusivity. Increasing temperature amplitude, A, predicted increases in the Nusselt number. For
this system, an optimal inclination of 11.7º was predicted.
While it is apparent there has been much research into the topic of filmwise condensation on and
inside inclined tubes, predictions for an angle inclination which maximize HTC vary greatly and
no generally accepted model can represent all available experimental data from literature.
Additionally, there has been no explicit research into the impact of inclination angle on entrance
length before the flow becomes fully developed. These factors highlight the need for continued
research into gravity-driven flow during filmwise condensation inside tubes that have been
inclined and the goal of this research therefore to establish a new generalized method for
calculating film thickness and HTC that is applicable across the full range of inclination angles
and tube length.

1.4.2 Pressure Drop
Condensation pressure drop in tubes has been investigated by various research groups in recent
years under a range of tube orientation, tube geometry, mass flux, heat transfer, inlet vapor quality,
saturation temperature and pressure. In a two part paper, Lips and Meyer [22] investigated the
pressure drops during R134a condensation in horizontal tubes and inclined tubes. They found that
a generalized pressure drop correlations had good agreement with vertical upward flows but none
of the correlations could well predict downward flows.
9

Adelaja et al. [38] performed an investigation of the pressure gradient in a copper tube at various
inclination angles and saturation temperatures. They concluded that increases in saturation
temperature reduces the interfacial shear decreases pressure drop caused by friction. Abadi et al.
[39] studied the effects of inclination angle, β on the pressure drop and HTC during condensation
of steam in long, smooth, inclined tubes by implementing the volume of fluid (VOF) method in
ANSYS Fluent. Recently Ewim and Meyer [40], conducted a study of pressure drop during R134a
condensation with lower mass flux in smooth tubes in both a horizontal and inclined configuration
and a condensing temperature of 40°C .
Due to the challenges associated with predicting two phase pressure drop , Zendehboudi and Li
[41] presented four predictive methods to estimate total and frictional pressure drop. They found
that Hybrid-ANFIS and GA-LSSVM models provided good solution accuracy with GA-PLCIS
having the best performance.
Kang et al. [42] researched experimentally the impact of tube incline on pressure drop for
condensation in flat tubes at low mass fluxes. Steam with low mass flux was condensed inside an
inclined flat tube with β varied from 0° to 70°. Dalkilic et al. [43] presented a study of condensation
frictional pressure drop in smooth and corrugated tubes and compared it to 38 available
correlations. They found that the performance of corrugated tubes was not largely affected by
friction factor modification and also was not able to enhance the prediction ability of most of the
correlations.
Xu and Fang [44] used experimental data of 9 refrigerants with diameter ranging from 0.1 to 10.07
mm and vapor mass flux ranging from 20 kg/(m2·s) and 900 kg/(m2·s) to evaluate the performance
of 29 available correlations. They conclude that the correlations of Müller-Steinhagen and Heck
[45] had the highest predictive ability. Kim and No [46] conducted an experimental research on
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the frictional pressure drop in a single vertical tube with diameter, D = 4.6 cm and found the
predictions of modified Nusselt theory introduced by Carey [47] predicted lower values for total
pressure drop than those experimentally observed.
Ould Didi et al. [48] experimental studied frictional pressure drop during evaporation of
refrigerants different correlations available in the literatures. They concluded that the best
predictions for annular flows were given by the correlation of Müller-Steinhagen and Heck [45]
and for wavy/intermittent flows were given by the correlation of Gronnerud [49]. Wang et al. [50]
experimentally investigated pressure drop from friction of condensation flow horizontal tubes
under vacuum conditions. They compared over 200 data points to existing pressure drop
correlations and found that magnitude of the change in pressure increases with mass flux and
quality and saturation temperature causes it to decrease.
Despite numerous studies on multi-phase flow condensation pressure drop and heat flux, few are
applicable to ACC systems and literature on inclined tubes is still uncommon [51]. In addition to
relatively few studies matching the geometric and flow characteristics of ACCs, to the authors
knowledge there have been no studies explicitly addressing the impact of a wide range of ambient
temperature on predictions of pressure loss in condenser tubes and no generalized model has been
accepted by the research community [52]. The objective of this study is therefore to experimentally
investigate steam condensation in inclined tubes in the stratified flow regime and to analyze the
applicability of various pressure drop correlations from available literatures.
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PROJECT OBJECTIVES/TASKS

1.5

With the overarching goal of improving the viability of solar power generation in Nevada, via the
development of new air-cooled condenser modelling techniques, the following research tasks are
defined:
•

To derive a new multiphase flow model that can be used to predict the heat and mass
transfer during filmwise condensation in inclined tubes.

•

To propose a generalized method for defining tube cross section and evaluate the heat
transfer augmentation using an entropy generation minimization method.

•

Developing a system coupling model to compare the relative impact of the air-side and
steam-side heat transfer resistances.

•

Evaluated steam-side pressure loss correlations from the available literature compared a
new pressure loss model to experimental condenser data.
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CHAPTER 2
NOVEL FILM CONDENSATION MODEL

Revisiting the physical problem under consideration is condensation flow inside circular tubes.
The coordinate system and geometry are shown in Fig. 2.1(a) and (b). The tube is inclined at angle
𝛽 downward from the horizontal and has diameter 𝐷. A pure saturated vapor enters the tube axially
from the upper end of the tube. The wall temperature is below the vapor saturation temperature by
Δ𝑇 resulting in the condensation of vapor on the tube wall forming a thin film which flows
downwards under the influence of gravity.

Fig. 2.1(a): Condensate film distribution (b): accumulation of condensate at the bottom of tube
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Fig. 2.1(c): Differential condensate film element

The following assumptions are at the core of classic Nusselt film theory and each plays an integral
role in simplifying the analysis:
•

The film thickness, δ along the periphery of the tube is much smaller than the tube diameter
(δ ≪ D).

•

The acceleration terms are small comparted to viscous effects

•

The temperature gradient in the film layer is linear in the radial direction.

•

The flow of the condensate is assumed to be smooth and laminar with no interfacial waves.

•

The shear stress on the liquid film is negligible.

•

The condensed liquid has axial and tangential components but does not move radially.

The x- and z-momentum equations can be derived from a balance of forces acting on a small
differential control volume of the condensate film as shown in Fig. 2.1(c) and be then expressed
as:
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𝜕 2𝑢
2𝑥
𝜈̃𝑙 2 + 𝑔𝑠𝑖𝑛
𝑐𝑜𝑠𝛽 = 0;
𝜕𝑦
𝐷

𝜈̃𝑙

𝜕 2𝑤
+ 𝑔𝑠𝑖𝑛𝛽 = 0,
𝜕𝑦 2

(2)

(3)

where u and w are the transverse components of velocity to the surface, 𝜈̃ is the relative liquid
kinematic viscosity, and g is gravitational acceleration, D is the tube diameter and β is the
inclination angle relative to the horizontal. The boundary conditions for Eqs. (2) and (3) are:
𝑦=0

(4)

𝜕𝑢 𝜕𝑤
=
= 0 𝑎𝑡 𝑦 = 𝛿
𝜕𝑦 𝜕𝑦

(5)

𝑢=𝑤=0

𝑎𝑡

where the first condition Eq. (4) indicates a “no-slip” boundary condition at the tube surface and
the liquid condensate and the second condition of Eq. (5) denotes negligible interfacial shear at
the liquid-vapor interface and δ is the condensate film thickness. Integrating Eqs. (2) and (3) and
applying the boundary conditions of Eqs. (4) and (5) yields equations for the velocity components
in both the axial and tangential directions:
2𝑥
𝑔 sin 𝐷 cos 𝛽
𝑦
1 𝑦 2
𝑢=
𝛿 2 [( ) − ( ) ]
𝜈̃𝑙
𝛿
2 𝛿
𝑤=

𝑔 sin 𝛽 2 𝑦
1 𝑦 2
𝛿 [( ) − ( ) ]
𝜈̃𝑙
𝛿
2 𝛿

(6)

(7)

Note that this vector field is nonconservative in x and z, i.e. curl(uî + wk̂) ≠ 0 and additional
attention must be given to properly handle the interaction between rotating and diverging flow
components. This marks the departure from the standard model for filmwise condensation in
inclined tubes. We write the total change in mass flow rate:
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𝑑𝑀̇ =

𝜕𝑀̇ 𝜕𝑀̇
𝜕𝑀̇𝑥 𝜕𝑀̇𝑦
𝜕𝑀̇𝑥 𝜕𝑀̇𝑦
+
=(
+
)+(
+
)
𝜕𝑥
𝜕𝑧
𝜕𝑥
𝜕𝑥
𝜕𝑧
𝜕𝑧

(8)

Using a mass and energy balance of a small element of condensate film as shown in Fig. 2.1(c),
continuity can be written in integral differential form as follows:
𝜕 𝛿
𝜕 𝛿
𝜕 𝛿
𝜕 𝛿
𝑘𝑙
𝜕𝑇
( ∫ 𝑢𝑑𝑦 +
∫ 𝑤𝑑𝑦) + ( ∫ 𝑢𝑑𝑦 + ∫ 𝑤𝑑𝑦) = (
)( )
𝜕𝑥 0
𝜕𝑥 0
𝜕𝑧 0
𝜕𝑧 0
𝜌𝑙 𝐻𝑓𝑔 𝜕𝑦 𝑦=𝛿

(9)

The linear temperature assumption across the film gives the following relation for the gradient at
the liquid-vapor interface and can be expressed as follows:
𝜕𝑇
𝑇𝑠𝑎𝑡 − 𝑇𝑤
( )
=
𝜕𝑦 𝑦=𝛿
𝛿

(10)

where 𝜆𝑙 is the liquid film thermal conductivity and 𝑇𝑠𝑎𝑡 and 𝑇𝑤 are the saturation temperature of
the vapor and temperature of the inner wall of the tube. Substituting Eqs. (6), (7) and (10) into Eq.
(9), reveals a new film thickness equation that is rotationally invariant for filmwise condensation
in inclined tubes:
𝑥
𝜕𝛿 𝜕𝛿
1
𝑥
𝐽𝑎
(𝑠𝑖𝑛𝛽 + cos 𝛽 sin ) 𝛿 3 ( + ) + (cos 𝛽 cos ) 𝛿 4 =
𝑅
𝜕𝑥 𝜕𝑧
3
𝑅
𝑅𝑎

(11)

where Ja is the Jakob number, Ra is the Rayleigh number, and the dimensionless group Ja/Ra is
defined as follows:
𝐽𝑎 𝜆𝑙 (𝑇𝑖 − 𝑇𝑤 )𝜇𝑙
=
𝑅𝑎
𝐻𝑓𝑔 𝑔𝜌𝑙 𝜌̃𝐷3

(12)

Eq. (11) is a nonlinear, first-order partial differential equation for the local film thickness δ(x,z)
with boundary conditions:
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𝜕𝛿
=0
𝜕𝑥

𝑎𝑡

𝛿 = 0 𝑎𝑡

𝑥=0

(13)

𝑧=0

(14)

Eq. (13) states that condensate film is symmetric, continuous and smooth at the uppermost point
and Eq. (14) indicates that the film thickness is zero around the tube inlet. It is convenient to
normalize Eq. (11) using the following relations.
𝑥∗ =

𝑥
𝑧
𝛿
; 𝑧 ∗ = ; 𝛿 ∗ = ; 𝜉 = (𝛿 ∗ )4
𝑅
𝑅
𝑅

(15)

Substituting Eq. (15) into Eq. (11) and expressing in simplified dimensionless form, the film
thickness equation is obtained as follows:
𝜕𝜉
𝜕𝜉
4
4 Ja
(𝑠𝑖𝑛𝛽 + cos 𝛽 sin 𝑥 ∗ ) ( ∗ + ∗ ) + (cos 𝛽 cos 𝑥 ∗ )𝜉 = (
)
𝜕𝑥
𝜕𝑧
3
𝑅𝑎

(16)

Eq. (16 ) is a linear, first-order partial differtial equation in x* and z* and can be solved by
numerical integration applying the following boundary conditions:
𝜕𝜉
= 0 𝑎𝑡
𝜕𝑥 ∗

𝑥∗ = 0
𝑧∗ = 0

𝜉 = 0 𝑎𝑡

(17)
(18)

The Nusselt film theory does not do a good job of characterizing the film development at the
lowermost point of the tube due to the neglect of circumferential pressure gradient the usage of the
tube surface normal to determine the direction and magnitude of the gravitational body force
component instead of the normal to the liquid-vapor free surface. Thus, accumulation models are
necessary to ensure global mass conservations. To avoid significant deviation of the theoretical
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results and predicting the numerical integral of the solution a stratification model is introduced to
correct the effective gradient of the interface.
𝑥 ∗ −𝜙𝑠𝑡𝑟
(
)
𝑒 𝑝1 𝜙𝑠𝑡𝑟

1+
)
𝜙𝑒𝑓𝑓 (𝑥 ∗ , 𝜙𝑠𝑡𝑟 ) = 𝑥 ∗ + 𝜙𝑠𝑡𝑟 (𝜋 − 𝜙𝑠𝑡𝑟 ) log (
𝑥 ∗ −𝜙𝑠𝑡𝑟
1
(
)
−
1 + 𝑒 𝑝1𝜙𝑠𝑡𝑟 ϕstr

(19)

The transformation of Eq. ( 19 ) is based on the SoftClipping activation function [53] and
calculation of effective peripheral angle, 𝜙𝑒𝑓𝑓 , between gravitational acceleration and the normal
to the liquid-vapor interface. This modified form of the linear interface commonly used in
literature, [6,10,11,18] is smooth and differentiable for 0 < 𝜙𝑠𝑡𝑟 < .. P1 is a numerical
dimensionless parameter representing the transition smoothness of the function. Larger values of
P1 will give a smoother transition and is recommended to be 20 by Klimek and Perelstein [53].
Values for 𝑃1 were tested between 1 to 100 and the variation of mean heat transfer coefficient was
less than 3%. Then Eq. (16) becomes:

(𝑠𝑖𝑛𝛽 + cos 𝛽 sin 𝜙𝑒𝑓𝑓 ) (

𝜕𝜉
𝜕𝜉
4
4 Ja
(cos
)𝜉
)
(
)
+
+
𝛽
cos
ϕ
=
eff
𝜕𝑥 ∗ 𝜕𝑧 ∗
3
𝑅𝑎

(20)

From the solution of the local film thickness the local heat transfer coefficient is:
ℎ(𝑥, 𝑧) =

𝜆𝑙
𝛿(𝑥, 𝑧)

(21)

The locally averaged heat transfer coefficient (HTC) can be found as a function of axial distance
from the inlet, z by circumferential integration of a differential ring on the tube from the uppermost
point (x* = 0) to the lowermost point (x* = .):
ℎ̅𝑧 =

λΔ𝑇 𝜋 1 ∗
∫ 𝑑𝑥
𝜋 0 𝛿

18

(22)

Finally, the mean overall condensation HTC for the tube surface is obtained as follows:
2RλΔ𝑇 𝐿/𝑅 𝜋 1 ∗ ∗
∫ ∫ 𝑑𝑥 𝑑𝑧
𝜋𝐿 0
0 𝛿

ℎ̅ =

(23)

It is important to note that for vertical tubes, the average Nusselt number is typically calculated
using tube length as the characteristic length, whereas tube diameter is much more common for
horizontal tubes. In this study and for the sake of comparison, diameter D is selected for
characterization and the local and average Nusselt numbers are defined respectively as:

𝑁𝑢(𝑥, 𝑧) =

̅̅̅̅ =
𝑁𝑢

2.1

ℎ(𝑥, 𝑧) 𝐷
𝑘

(24)

ℎ̅ 𝐷
𝑘

(25)

SPECIAL CASE SOLUTIONS

First, we will discuss special case solutions of Eq. (11). For the case of the vertical pipe, ie. 𝛽 =
and

𝜕𝛿
𝜕𝑥

𝜋
2

= 0 , Eq. (11 ) becomes the well-known film thickness equation for laminar filmwise

condensation on a vertical plate [17] and can be expressed as follows:
𝜕𝜉
4 𝐽𝑎
=
𝜕𝑧 ∗
𝑅𝑎

(26)

The Nusselt number can be then found analytically by direct integration, application of boundary
condition of Eq. (5) and expressed as:
1

3

𝐽𝑎 4 𝐷 4
𝑁𝑢 = 0.943 ( ) ( )
𝑅𝑎
𝐿
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(27)

For the case of a horizontal tube, 𝛽 = 0 and

𝜕𝛿
𝜕𝑧

= 0 , Eq. (11 ) can be again normalized and

simplified becoming instead the well-established film thickness equation for laminar condensation
on a horizontal tube [17].
𝜕𝜉
4
4 Ja
(cos 𝛽 sin 𝑥 ∗ ) ( ∗ ) + (cos 𝑥 ∗ )𝜉 = (
)
𝜕𝑥
3
𝑅𝑎

(28)

where the average Nusselt number is:
1

𝐽𝑎 4
𝑁𝑢 = 0.728 ( )
𝑅𝑎

(29)

While these reduced equations for horizontal and vertical tubes are not novel, simplification of Eq.
(11) into experimentally confirmed one-dimensional solutions helps to validate the current model.
𝜕𝜉

For the special case of a tube of infinite length, the axial growth of the film, 𝜕𝑧 ∗ in Eq. (16) can be
neglected, which is the same assumption made in the analysis of Hassan and Jakob [27] and Fieg
and Roetzel [19]. The dimensionless film thickness equation for fully developed flow becomes:
(𝑠𝑖𝑛𝛽 + cos 𝛽 sin 𝑥 ∗ ) (

𝜕𝜉
4
4 𝐽𝑎
) + (cos 𝛽 cos 𝑥 ∗ )𝜉 = (
)
∗
𝜕𝑥
3
𝑅𝑎

(30)

Applying the symmetry boundary condition of Eq. (32) at the uppermost point of the tube to Eq.
(30), the dimensionless film thickness at the uppermost point (𝑥 ∗ = 0) can be found directly as:

𝜉𝑓𝑑,𝑢𝑝 =

3
𝑘𝑙 𝜇𝑙 Δ𝑇
(
)
𝑐𝑜𝑠𝛽 𝜌𝑙 (𝜌𝑙 − 𝜌𝑣 )𝑔𝐻𝑓𝑔 𝑅 3

(31)

where the dimensional local film thickness at the uppermost point is:
0.25

𝛿𝑓𝑑,𝑢𝑚𝑝

1 0.25
3𝑘𝑙 𝜇𝑙 Δ𝑇𝑅
)
=(
(
)
𝑐𝑜𝑠𝛽
𝜌𝑙 (𝜌𝑙 − 𝜌𝑣 )𝑔𝐻𝑓𝑔
20

(32)

This equation implies that the film thickness at the uppermost point is inversely proportional to
cos0.25 𝛽 and will monotonically increase with increasing inclination angle, β. For the case of a
horizontal tube (β = 0º), cos0.25 0 → 1 and therefore the fully develop film thickness at the
uppermost point is:
0.25

𝛿𝑓𝑑,ℎ,𝑢𝑚𝑝

3𝑘𝑙 𝜇𝑙 Δ𝑇𝑅
=(
)
𝜌𝑙 (𝜌𝑙 − 𝜌𝑣 )𝑔𝐻𝑓𝑔

(33)

Conversely, for a vertical tube (β = 90), the reciprocal of cos 0.25 90 → ∞ and therefore the film
thickness at the uppermost point also approaches ∞. This makes sense as the condensate is
distributed evenly around the periphery of the tube and therefore will continue steadily growing
without becoming fully developed.

2.2

GENERAL CASE

The distribution of the δ around the periphery of the tube for a tube with infinite length is shown
in Fig. 2.2 where ϕ = 𝑥 ∗ = 𝑥/𝑅. As predicted by Eq. (30), the film thickness at the uppermost
point (𝜙 = 0∘ ) of the tube is smallest for the horizontal tubes and increases with increasing
inclination angle. The opposite can be said of the film thickness at the lowermost point (𝜙 = 180∘ ),
which is largest for the case of horizontal tubes and decreases with increasing inclination angle.
This is because as the inclination angle increases from the horizontal, the circumferential
component of gravity becomes smaller and thus, the condensate becomes evenly distributed.
The local film thickness ratio increases with increasing peripheral position, 𝜙, but is shown to
remain finite over the entire domain including the lowermost point (𝜙 = 180∘ ) for all cases except
for 𝛽 = 0∘ . Mechanistic heat and mass transfer models typically predict infinite approaching film
thickness at the lowermost point of the tube for all inclination angles. This infinite approaching
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film thickness at the bottom of the tube is often of little consequence for heat transfer models as it
coincides with the location of largest film thickness and makes the smallest contribution to the
total surface heat flux. While the solution to Eq. ( 30 ) does not yet consider accumulated
condensate at the lower part of the tube, the calculated film growth can still be useful, particularly
for calculating pressure drop which unlike heat transfer coefficient, is proportional to film
thickness and would be significantly impacted by a singularity at the lowermost point of the tube.
Temperature difference, ΔT, was varied for all inclination angles and no change was observed in
Fig. 2.3. This is because both the fully developed film thickness, 𝛿, and the film thickness at the
uppermost point, 𝛿𝑢𝑚𝑝 , are proportional to (𝐽𝑎/𝑅𝑎)0.25 and by extension Δ𝑇 0.25, implying that
the film thickness ratio only varies with geometric parameters.
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Fig. 2.2: Fully developed film thickness as a function of the peripheral angle.

For finite tubes, the local film thickness, δ, and local Nusselt number, Nu, can be found by solving
Eq. (20), applying boundary conditions of Eqs. (17) and (18) and substitution into Eqs. (21) and
(24). Fig. 2.4(a) depicts the variation of local Nusselt number with increasing axial position for a
tube of finite length. As anticipated, the Nu decreases with increasing axial distance from the tube
inlet for all inclination angles as vapor condenses on the tube wall creating a thermal boundary
layer. As axial position increases further, with the exception of a vertical tube (𝛽 = 90∘ ), the
Nusselt number approaches a constant value as the thin film becomes fully developed. This is
caused by the eventual stratification of the thin film as the axial position increases, and at this
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Fig. 2.3: Variation of the film thickness ratio with peripheral angle of an inclined tube with
infinite length

24

Fig. 2.4: (a) Variation of the local Nusselt number with of axial position
point, the condensate removed peripherally from the uppermost point is balanced with the local
rate of interfacial mass transfer. Heat transfer enhancement due to inclination from the horizontal
is caused by an increase in average tangential gravitational force components around the periphery
which thins the local film at equivalent condensate mass flow rates. Conversely, heat transfer
enhancement resulting from declination from a vertical tube results from a shortened travel path
by the thin film from the uppermost to lowermost point. The combination of these two factors
result in a reported optimal inclination angle that exists somewhere in between the horizontal and
vertical cases. Fig. 2.4(b) shows that of the presented cases, 𝛽 = 30∘ approaches the highest local
Nusselt number followed by inclination angles of 20∘ and 40∘ .
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(b)
Fig. 2.4: (b) Enlarged variation of the local Nusselt number with dimensionless axial position

Fig. 2.5 shows the axial variation of the Nusselt number ratio with axial position defined as the
ratio between the locally averaged Nusselt number, 𝑁𝑢𝑧 , and the average Nusselt number for a
fully developed tube, 𝑁𝑢𝑓𝑑 , calculated from Eq. (30). By comparison of Fig. 2.4(a) and Fig. 2.5,
we can see that while the fully developed Nusselt number has a predicted maximum when the
inclination angle is around 30∘ , the axial distance from the inlet before becoming fully developed
monotonically increases from a minimum of 0º and maximum of 90º. This is because the axial
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film development is primarily impacted by the direction of the local tangential gravitational force
components and not the magnitude.

Fig. 2.5: Distribution of the locally averaged Nusselt number ratio with normalized axial position

The Nusselt number ratio 𝑁𝑢𝑓𝑑 /𝑁𝑢𝑧 is equivalent to the film thickness ratio, 𝛿𝑧 /𝛿𝑓𝑑 , and can be
used to define the length of tube required to reach a fully developed state as defined by:
𝑁𝑢𝑓𝑑
𝐿∗𝑒 = 𝐿∗ (
= 𝑅𝑓𝑑 )
𝑁𝑢𝑧
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(34)

where the 𝑅𝑓𝑑 is the development criteria. Fig. 2.6 displays the entrance length variation with
tan 𝛽 for 𝑅𝑓𝑑 = 0.9, 0.99, 0.999, and 0.9999. Entrance length is clearly shown to increase with
increasing tan 𝛽 for all fully developed criteria which makes sense as the axial component of
gravity decreases with decreasing inclination angle and therefore the path of the film will be forced
circumferentially.

Fig. 2.6: Change in entrance length with the tangent of the inclination angle.
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Interestingly, we see that for every development criterion, 𝑅𝑓𝑑 , the distribution of 𝐿∗𝑒 can be
subdivided into two linear sections with an intermittent transition region. The dashed lines show
the linear regression of the solution for tan 𝛽 → 0 (horizontal tube) and tan 𝛽 → ∞ (vertical tube)
and can be expressed in piecewise form as:

𝐿∗𝑒

𝐶1,0 𝑡𝑎𝑛𝛽 + 𝐶2,0

tan 𝛽 ≤ tan 𝛽𝑡𝑟
(35)

= {
𝐶1,∞ 𝑡𝑎𝑛𝛽 + 𝐶2,∞

tan 𝛽 > tan 𝛽𝑡𝑟

Correlation coefficients 𝐶1 and 𝐶2 and transition point, 𝑡𝑎𝑛 𝛽𝑡𝑟 , are listed in Table 1. The
maximum error between the numerical solution and asymptotic approximations occur at the
intersection of the two asymptotes, tan 𝛽 = tan 𝛽𝑡𝑟 , and are 0.86%, 3.03%, 5.45% and 6.92% for
the cases of 𝑅𝑓𝑑 = 0.9, 0.99, 0.999, and 0.9999, respectively.

Table 1: Correlation coefficients for Eq. (35)
𝒕𝒂𝒏𝜷 → 𝟎
𝑹𝒇𝒅
0.9000
0.9900
0.9990
0.9999

𝑪𝟏,𝟎
0.398
0.736
0.977
1.210

𝒕𝒂𝒏𝜷 → ∞
𝑪𝟐,𝟎

𝑪𝟏,∞
0.395
1.263
2.247
3.236

0.724
1.859
2.731
3.387

𝑪𝟐,∞
0.706
1.081
1.194
1.312

𝒕𝒂𝒏 𝜷𝒕𝒓
1.963
1.483
1.213
1.018

This binary phenomenon is caused by the shift with axial position between the domain of influence
of the boundary condition at the tube inlet as described in Eq. (18) and the boundary condition at
the uppermost point as described in Eq. (17). For tubes with a larger inclination angles (𝛽 → 90∘ ),
the gravitational force is primarily axial and the film will develop from the inlet directly whereas
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for smaller inclination angles, the film growth will be impacted by not only the film thickness at
the inlet but also the film thickness at the uppermost point of the tube.
For entrance length criteria, 𝑅𝑓𝑑 = 0.99 and 𝑅𝑓𝑑 = 0.999, entrance length, 𝐿∗𝑒 , approaches
1.85 tan 𝛽 and 2.72 tan 𝛽, respectively, as the inclination angle approaches 90∘ . This is close to
that of Mosaad [27] who reported that the axial variation of film thickness was negligible for 𝐿+𝑒
> 2.6 where normalized entrance length, 𝐿+𝑒 is defined as follows:
𝐿+𝑒 =

𝐿
𝑅 𝑡𝑎𝑛𝛽

(36)

̅̅̅̅𝑧 / 𝑁𝑢
̅̅̅̅𝑣 , as a function of
Fig. 2.7 shows the average Nusselt number enhancement ratio, 𝑁𝑢
inclination angle for dimensionless tube length, 𝐿∗ = 8, 16, 24, 32, and 40, where the average
Nusselt number for a vertical tube, 𝑁𝑢𝑣 , is calculated according to Eq. (27). As length increases,
̅̅̅̅𝑧 /𝑁𝑢
̅̅̅̅𝑣 increases for all β due to the Nusselt number becoming constant for inclined tubes and
𝑁𝑢
steadily declining for vertical tubes. The dashed line illustrates the change in optimal angle for
̅̅̅̅𝑧 /𝑁𝑢
̅̅̅̅𝑣 is largest at a given length.
heat transfer where 𝑁𝑢
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Fig. 2.7: Variation of mean Nusselt number enhancement ratio with inclination angle
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Fig. 2.8: Variation of the optimal inclination for heat transfer with dimensionless tube length, L*

This variation in optimal inclination angle with dimensionless tube length is explicitly shown in
Fig. 2.8. As evidenced by the logarithmic scale, the angle at which maximum heat transfer occurs
and it decreases rapidly with increasing length and eventually approaches the optimal inclination
angle for a fully developed tube, 𝛽𝑓𝑑,𝑚𝑎𝑥 = 28.2∘ . While the current model, in theory, predicts a
thermally optimal inclination angle ranging from 28.2∘ to 90∘ , in practice, most condensation
tubes have length, 𝐿∗ > 2, i.e. 𝐿 > 𝐷. For these cases, the optimal inclination angle would instead
exist in between 28.2∘ and 46.6∘ .

32

Fig. 2.9: Comparison of average Nusselt number ratio (vertical tube) to semi-empirical
correlation [Eq. (1)] from Wang and Ma [26] for L*= 20

The theoretical results for the Nusselt number ratio, normalized using the analytical solution for a
vertical tube, are compared with the semi-empirical correlation (Eq.(1)) suggested by Wang and
Ma [26] and plotted in Fig. 2.9. Good agreement is shown between the present study and the Wang
and Ma correlation with a maximum deviation of less than 10%. Additionally, the current model
predicts a maximum Nusselt number ratio of 1.581 at an inclination angle of 29.6º, which is
remarkably close to the predicted maxima of Eq. (1) with a Nusselt number ratio of 1.591 at an
inclination angle of 30.45º.
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Fig. 2.10: Comparison of average Nusselt number ratio (horizontal tube) to experimental data
from Garrett [54]

While the heat transfer ratio is most commonly calculated by normalizing against the Nusselt
number for a vertical tube in literature, the steady film development observed in vertical tubes can
lead to a distribution with a magnitude that varies greatly with tube length. It is often convenient
to present the heat transfer enhancement referencing the equivalent horizontal tube which is
insensitive to tube length. Fig. 2.10 shows the comparison of the current model for both finite and
infinite tubes with the experimental results of Garrett [54] normalized in this manner and good
agreement is shown with a maximum deviation of less than 3%.
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CHAPTER 3
NONCIRCULAR TUBES

To introduce a more generalized condenser tube surface geometry, Bezier curves are implemented
to describe the cross-sectional outline of the tubes. Bezier curves are parametric functions defined
by the locations of control points with the number of control points corresponding to the function
order. A cubic Bezier curve is selected for this analysis for due to it being the lowest order curve
which can closely approximate a semi-circle for comparison to previously published data.
The parametric positions in physical space as a function of the parametric variable s can be given
as:
𝑋(𝑠) = (1 − 𝑠)𝑋0 + 3(1 − 𝑠)2 𝑠𝑋1 + 3(1 − 𝑠)𝑠 2 𝑋2 + 𝑠 3 𝑋3

(37)

𝑌(𝑠) = (1 − 𝑠)𝑌0 + 3(1 − 𝑠)2 𝑠𝑌1 + 3(1 − 𝑠)𝑠 2 𝑌2 + 𝑠 3 𝑌3

(38)

Such that X and Y represent the x- and y-components of control points, P and where 𝑠 ranges from
0 to 1. The relationship between the control points and the parametric curve is shown in Fig. 3.1.
The selection of the control points can have beneficial effects on the heat transfer effects of the
system however, certain limitations must be placed on these points to avoid negative effects and
to simplify the analysis. Bezier Curves have the useful characteristic of starting at 𝑃0 and ending
at 𝑃3 . For convenience, 𝑃0 is placed at the origin.

35

Fig. 3.1: Generalized cubic Bezier curve cross section

The locations of 𝑃1 and 𝑃2 are selected as to be optimized. To maintain a similar comparison, the
total length of the periphery, 𝐿𝑎𝑟𝑐 is maintained as a unity and given as:
𝑑𝑋 2
𝑑𝑌 2
√
= ∫ ( ) + ( ) 𝑑𝑠
𝑑𝑠
𝑑𝑠
0
1

𝐿𝑎𝑟𝑐

(39)

While 𝑃3 is selected on the y-axis, the y-coordinate is chosen such that the arc, length, 𝐿𝑎𝑟𝑐 will
remain unity. Two special cases are explored: elliptical and ovoid tubes. Elliptical tube may be
approximately described by a cubic Bezier curve by applying the following constraints to Eq. (37)
and Eq. (38):

𝑋0 = 𝑋3 ; 𝑋1 = 𝑋2
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(40)

𝑌0 = 𝑌1 ; 𝑌2 = 𝑌3

(41)

Similarly, an ovoid tube may be approximated by a Bezier curve with control point constraints:

𝑋0 = 𝑋3

(42)

𝑌0 = 𝑌1 ; 𝑌2 = 𝑌3

(43)

It should be noted that the decrease in the number of constraints for an ovoid tube results in an
additional degree of freedom which can be characterized by 𝑋2 /𝑋1.

MATHEMATICAL MODEL

3.1

The physical problem under consideration is condensation flow inside non-circular condenser
tubes. Pure saturated steam enters the system by flowing axially in the interior of the tube. The
temperature of the surface is below the steam temperature and the steam begins to condense on the
wall forming a thin film which flows downwards under the influence of gravity. The tube is
inclined at angle 𝛽 and has diameter 𝐷. The coordinate system and geometry are shown Fig. 3.2.
The following assumptions are made according to the classic Nusselt film theory.
•

The diameter of the tube is much larger than the film thickness in the upper part of the
interior of tube.

•

The convection terms in the equations for momentum can be neglected.

•

In the thin film, the temperature distribution is linear

•

The condensate is laminar and smooth with no interfacial waves.

•

There is no interfacial shear stress on the liquid film from the vapor phase.

•

The condensed liquid has axial and tangential components.
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Fig. 3.2: (a) Condensate distribution, (b) accumulation layer at the bottom of the tube, and (c)
differential element of the liquid film

According to the previously mentioned assumption, the momentum equations in the x- and zdirections are obtained from a balance of forces on a differential control volume shown in Fig.
3.2(c) .

𝜇𝑙

𝜕 2𝑢
+ (𝜌𝑙 − 𝜌𝑣 )𝑔𝐹(𝑠)𝑐𝑜𝑠𝛽 == 0
𝜕𝑦 2
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(44)

𝜕 2𝑤
𝜇𝑙
+ (𝜌𝑙 − 𝜌𝑣 )𝑔𝑠𝑖𝑛𝛽 = 0
𝜕𝑦 2

(45)

Such that 𝐹(𝑠) can be expressed as the component of the circumferential vector in the direction of
gravity.
𝐹(𝑠) = 𝑠⃗ ∙ 𝑔⃗

(46)

A no-slip boundary condition is prescribed at the wall and zero shear condition is assigned to the
vapor liquid interface.
𝑦 = 0: 𝑢 = 𝑤 = 0

𝑦 = 𝛿:

𝜕𝑢 𝜕𝑤
=
=0
𝜕𝑦 𝜕𝑦

(47)

(48)

Integration of the momentum equation and application of the boundary conditions results in
velocity equations in the axial and tangential directions:

𝑢=

𝑔(𝜌𝑙 − 𝜌𝑣 )𝐹(𝑠)𝑐𝑜𝑠𝛽 2 𝑦 1 𝑦 2
𝛿 ( − ( ) )
𝜇𝑙
𝛿 2 𝛿

(49)

𝑔(𝜌𝑙 − 𝜌𝑣 )𝑠𝑖𝑛𝛽 2 𝑦 1 𝑦 2
𝛿 ( − ( ) )
𝜇𝑙
𝛿 2 𝛿

(50)

𝑤=

A mass balance is found on a small control volume by integration of the continuity equation.
𝜕 𝛿
𝜕 𝛿
𝜆𝑙
𝜕𝑇
∫ 𝑢𝑑𝑦 + ∫ 𝑤𝑑𝑦 = (
)( )
𝜕𝑥 0
𝜕𝑧 0
𝜌𝑙 𝐻𝑓𝑔 𝜕𝑦 𝑦=𝛿

(51)

Assuming a linear temperature distribution in the thin film:
𝜕𝑇
𝑇𝑠𝑎𝑡 − 𝑇𝑤
( )
=
𝜕𝑦 𝑦=𝛿
𝛿
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(52)

Substituting Eqs. (49), (50) and (52) into Eq. (51) and expressing in non-dimensional form, the
film thickness equation can be given as:
2𝑐𝑜𝑠𝛽𝑠𝑖𝑛𝜙𝛿

∗2

𝜕𝛿 ∗
𝜕𝛿 ∗ 2
𝐽𝑎
∗2
+ 𝑠𝑖𝑛𝛽𝛿
+ 𝑐𝑜𝑠𝛽𝐹(𝑠)𝛿 ∗3 =
𝜕𝜙
𝜕𝑧̅ 3
𝑅𝑎
𝐽𝑎
𝜆𝑙 (𝑇𝑠𝑎𝑡 − 𝑇𝑤 )𝜇𝑙
=
𝑅𝑎
𝐻𝑓𝑔 𝑔𝜌𝑙 (𝜌𝑙 − 𝜌𝑣 )𝐷3

(53)

(54)

The change in the mass flow rate in the accumulation region can be described by:
𝑑𝑚̇ 𝑙
1 𝑠𝑠𝑡𝑟𝑎𝑡 𝜆Δ𝑇
=
∫
𝑑𝑠
𝑑𝑧
𝐻𝑓𝑔 0
𝛿

(55)

From the solution of the local film thickness the local heat transfer coefficient is:
𝜆𝑙
𝛿(𝑥, 𝑧)

ℎ(𝑥, 𝑧) =

(56)

The mean overall condensation heat transfer coefficient is obtained as follows:
ℎ̅ =

Rλl 𝐿/𝑅 𝜋 1 ∗ ∗
∫ ∫ 𝑑𝑥 𝑑𝑧
𝜋𝐿 0
0 𝛿

(57)

The local and average Nusselt numbers are defined respectively as:

𝑁𝑢𝑥 =

ℎ(𝑥) 𝐷
𝜆𝑙

(58)

ℎ̅ 𝐷
𝜆𝑙

(59)

𝑁𝑢 =

The pressure loss in the vapor core is calculated by combining the pressure drop due to friction,
gravity, and acceleration.
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𝑑𝑝
𝑑𝑝
( )
= 𝛷𝐿2 ( )
𝑑𝑧 𝑡𝑜𝑡𝑎𝑙
𝑑𝑧 𝑙

(60)

where the multi-phase frictional pressure drop is given by the product of the single-phase pressure
drop and a two-phase multiplier. The single-phase pressure drop:
𝑑𝑝
1
1
( ) = 4𝑓𝐿 ( ) 𝑥 2 𝑚̇𝑣2 ( 𝜌𝑙 )
𝑑𝑧 𝑙
𝑑𝑖
2

(61)

The two-phase multiplier can be calculated using the following two-phase parameter as introduced
by Lockhart and Martinelli [55]:
2
Φ𝑡𝑡,𝐿
=1+

𝐶
1
+ 2
𝜒𝑡𝑡 𝜒𝑡𝑡

(62)

And the Martinelli parameter, Χ𝑡𝑡 is given by the following equation where 𝛼 is the average void
fraction along the length of the tube:
0.1

1 − 𝛼 0.9 𝜌𝑔 0.5 𝜇𝑙
) ( ) ( )
𝜒𝑡𝑡 = (
𝛼
𝜌𝑙
𝜇𝑔

(63)

To solve the non-linear PDE for the film thickness a finite difference method was used. The
circumferential direction was solved implicitly and discretized using a second-order backward
difference method, and the axial direction was solved explicitly and discretized using a first-order
backwards difference method.
For a given length of perimeter, circular tubes maximize cross-sectional area, thus, when a tube
surface is modified to improve film drainage, the cross-sectional area reduction typically increases
pressure drop. The relative effects of heat transfer and pressure drop must be included. The first
case under consideration is that of an elliptical tube shown in Fig. 3.3. Eq. (16) and Eq. (17) are
solved with the appropriate boundary conditions for the local film thickness. Film thickness
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increases around the periphery of elliptical tubes approaches infinite near the bottom of the tube
and is shown in Fig. 3.4 for different aspect ratio, 𝑌2 /𝑋2 . When 𝑌2 /𝑋2 = 1 , the cross section is a
circular tube and the dependence of dimensionless film thickness on ϕ coincides with the classical
Nusselt solution.

Fig. 3.3: Condenser tube cross section for different aspect ratio, |𝑌2 |/𝑋2
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Fig. 3.4:Variation of normalized film thickness ratio with peripheral angle
Liquid film thickness decreases and film gradient increases with the decreasing 𝑌2 /𝑋2 near the top
and bottom of the tube. Local Nusselt number can be seen in Fig. 3.5 as inversely related to the
film thickness and decreases along the periphery of the tube. At the upper most point of the tube
(ϕ = 0°), the local Nusselt number increases with the increasing of 𝑋2 /𝑌2 and as 𝑋2 /𝑌2 → 1, δ →
0 and the distribution approaches a vertical plate.
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Fig. 3.5: Variation of the local Nusselt number with peripheral angle

Ovoid tubes are characterized here by an asymmetry across the minor axis that results from control
points with different X values and are shown in Fig. 3.6(b) and Fig. 3.6(c). The film thickness
increases around the periphery of the tube for the case of Ovoid tubes and approaches infinite near
the bottom of the tube is shown in Fig. 3.7, for different skewness, 𝑋2 /𝑋1 and fixed aspect ratio
and 𝑌2 /𝑋2 = 1 which represents a circular tube. When compared to the circular tube, the liquid
film thickness at the uppermost point of the tube decreases with the decreasing 𝑋2 /𝑋1 and remains
thinner until around ϕ = 143°. This is because the location of the maxima on the major axis is
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delayed. The local Nusselt number as seen in Fig. 3.8 is therefore higher on the upper half of the
tube by trading a lower local Nusselt number at the bottom of the tube.

Fig. 3.6: Condenser tube cross section for different values of skewness, 𝑋1 /𝑋2
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Fig. 3.7: Variation of the film thickness ratio with peripheral angle for an ovoid tube.
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Fig. 3.8: Variation of the Nusselt number ratio with peripheral angle

The heat transfer enhancement ratio relative to that of a circular tube is shown in Fig. 3.9 for 3
cases, (𝑋1 = 𝑋2, 𝑋1 = 2𝑋2 , 2𝑋1 = 𝑋2 ) which are the same as those shown in Fig. 3.6 extended
over the full range of aspect ratio. It is seen that the average Nu for the Ovoid tube surfaces are
always more than that of an elliptical tube having the same surface area, however, the gain in Nu
decreases with an increase in |𝑌2 |/𝑋2 . As the value of 𝑌2 /𝑋2 becomes large, the tube surfaces
become identical to a vertical plate and the ratio of 𝑁𝑢/𝑁𝑢𝑐𝑖𝑟𝑐 increases asymptotically to a value
of 1.213.
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Fig. 3.9: Variation of the average Nusselt number enhancement ratio with aspect ratio, |𝑌2 |/𝑋2

The Nusselt number ratio with a vertical tube as the metric is are depicted in Fig. 3.10 and results
for the for the Bezier circle is compared with the experimental results of Lips and Meyer [22]. The
current model slightly overpredicts the experimental results which is common for Nusselt based
film condensation models due to the idealized assumptions. The maximum deviation of less than
3% indicates overall good agreement.
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Fig. 3.10: Variation of the averaged Nusselt number ratio with inclination angle, β

In the case of heat exchangers with phase change, there are generally two competing objectives.
The first is to minimize the pressure loss in the vapor core and the second is to maximize the heat
transfer coefficient of the system. Entropy Generation is given by for multi-phase flow by Bejan
[56]:
𝑑𝑆̇
1
𝑑𝑄 2 𝑚̇
𝑑𝑝
(− )
= 2 ( ) +
𝑑𝑧 𝑇 𝑃ℎ̅ 𝑑𝑧
𝜌𝑇
𝑑𝑧
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(64)

where the first term on the right hand side represents the entropy generation resulting from heat
transfer and the second term represents the entropy generation that comes from pressure drop.
1
𝑑𝑄 2
(
) 𝑑𝑧
𝑇 2 𝑃ℎ̅ 𝑑𝑧

𝐿

̇ =∫
𝑆Δ𝑇
0

𝐿

̇ =∫
𝑆Δ𝑃
0

𝑚̇
𝑑𝑝
(− ) 𝑑𝑧
𝜌𝑇
𝑑𝑧

(65)

(66)

In this study, the entropy generation is normalized by the entropy generation for the equivalent
circular cross-section. The entropy generation number can be given by:

𝑁𝑠,Δ𝑇 =

̇
𝑆Δ𝑇
̇
𝑆Δ𝑇,𝑐𝑖𝑟𝑐

(67)

̇
where 𝑆Δ𝑇,𝑐𝑖𝑟𝑐
is the heat transfer entropy generation by circular cross-section under equivalent
conditions. The pressure loss entropy generation number is defined as:

𝑁𝑆,Δ𝑝 =

𝑆̇ Δp
(𝑆Δ𝑝,𝑐𝑖𝑟𝑐 )

(68)

̇
where 𝑆ΔP,circ
is the pressure drop entropy generation by circular cross-section under equivalent
conditions.
When two or more objectives are involved in an optimization problem, the trade-off between the
various objectives can be represented directly by a Pareto front. The non-dominated solutions are
ones in which objectives cannot be improved upon without sacrificing the performance of another.
Fig. 3.11-Fig. 3.13 show the Pareto front for entropy generation due to pressure loss and entropy
generation due to heat transfer for inclination angles, 𝛽 = 0°, 30°, 60° . The presence of the
circular tube on the pareto front located at the minima for entropy generation due to pressure drop
is indicative of the fact a circle maximized the cross section area for a given surface contour length.
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From the Fig. 3.11 it is apparent that the reduction in entropy generation that results from
resistances to heat transfer for pareto optimal tubes over circular tubes lead to the increased entropy
generation due from pressure drop. Comparing the cross-section of point A and point B, A yields
a lower heat transfer coefficient and lower pressure drop which corresponds to a lower entropy
generation from heat transfer and high entropy generation that results from pressure drop,
respectively. The same relationship holds between points C and D as well as E and F. This is
expected as the geometry approaches that of a circular cross-section with a high characteristic
diameter but lowered tangential gravitational component. The optimized cross section geometry
become more circular as the inclination angle increases.

Fig. 3.11(a): Pareto front for inclination angle 𝛽 = 0°
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Fig. 3.11(b): Cross section of point (A)

Fig. 3.11(c): Cross section of point (B)
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Fig. 3.12(a): Pareto front for inclination angle 𝛽 = 30°

53

Fig. 3.12(b): Cross section of point (C)

Fig. 3.12(c): Cross section of point (D)
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Fig. 3.13(a): Pareto front for inclination angle 𝛽 = 60°
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Fig. 3.13(b): Cross section of point (E)

Fig. 3.13(c): Cross section of point (F)
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The portion of the ellipse curve above the circular point represents elliptical curves where the
aspect ratio, |𝑌2 |/𝑋2 < 1. By comparisons of Fig. 3.11-Fig. 3.13 it is observed that the elliptical
curve is dominated by ovoid geometry with 𝑋1 ≠ 𝑋2. Near 𝑁𝑆,Δ𝑃 ≅1.23 the entropy generation
due to heat transfer can be reduced by 3.65%, 3.27%, 1.10%, by using ovoid tubes over elliptical
ones without making any sacrifices on the pressure drop side. This enhancement due to cross
section geometry decreases with inclination angle which is expected as the axial film growth will
become dominant as the inclination angle approaches 90°.
A polynomial multiple regression is used to correlate pareto dominant control points to the
inclination angle and heat transfer enhancement. The parametric description of the optimized
contour follows:
𝑋(𝑠) = 3(1 − 𝑠)2 𝑠𝐴 + 3(1 − 𝑠)𝑠 2 B

(69)

𝑌(𝑠) = (3(1 − 𝑠)𝑠 2 + 𝑠 3 )𝐶

(70)

where the constants A, B and C are defined as a function of heat transfer enhancement 𝛼 =
𝑁𝑢/𝑁𝑢𝑐𝑖𝑟𝑐 and the inclination angle, β.
𝐴(𝛼, 𝛽) = (−1.053 + 5.188α − 8.45α2 + 4.581α3 )(1 + (sinβ)1.23 )

(71)

𝐵(𝛼, 𝛽) = (0.507 + −2.265α + 3.03 α2 − 0.784 α3 )(1 + (sinβ)0.52 )

(72)

𝐶(𝛼, 𝛽) = (−0.29 + 1.564α − 2.903α2 − 0.937α3 )

(73)
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CHAPTER 4
FULL SYSTEM MODEL

During ACC analysis, the physical problem can be subdivided according fluid domain into air-side
and steam-side. For the purpose of numerical modeling, the steam-side can be further split into
two regions with one containing the vapor core and the other containing the condensate layer, often
referred to as the Nusselt thin film. The following sections will outline the techniques used to
computationally simulate each region.
4.1.1 Multiphase Model
We first consider the condensation flow inside the condensation tubes. Pure steam enters at the top
of the condenser and flows axially along the interior of the tube. As the steam is cooled, condensate
form along the upper surface. This forms a film flowing downwards under the influence of gravity.
The condensation tube is inclined at angle β and has diameter D. Curvilinear coordinates are used
for this system and the geometry are also shown in Fig. 4.1. The tube exterior is cooled by
crossflow convective heat transfer with air as the working fluid.
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Fig. 4.1: Inclined laminar film condensation with accumulation

4.1.2 Governing Equations
The problem under consideration can be described as the condensation of a pure vapor in a tube
that is inclined from the horizontal at an angle β from the horizontal. The temperature of the wall
is below the steam saturation temperature leading to condensate forming on the tube. The
condensed liquid flows downwards under the influence of gravity. In addition to the previously
outlined simplifications, the following assumptions per the classic Nusselt film theory:
•

The liquid film thickness in the upper region of the tube is much smaller than the tube
diameter (δ ≪ D).

•

The acceleration terms in the momentum equation can be neglected.

•

The temperature distribution in the film layer is linear.

•

The liquid condensate is assumed to be smooth and laminar.

•

The shear stress on the liquid film is negligible.

•

The condensed liquid has axial and tangential components but does not move radially.
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Per previously mentioned assumptions, the x- and z-momentum equations can be expressed
respectively:

𝜇𝑙

𝜕 2𝑢
+ (𝜌𝑙 − 𝜌𝑣 )𝑔𝑠𝑖𝑛𝜙𝑐𝑜𝑠𝛽 = 0
𝜕𝑦 2

(74)

𝜕 2𝑤
+ (𝜌𝑙 − 𝜌𝑣 )𝑔𝑠𝑖𝑛𝛽 = 0
𝜕𝑦 2

(75)

𝜇𝑙

The boundary conditions for the momentum equations are described as follows, a no-slip boundary
condition is applied at the tube wall and interfacial shear is zero at the vapor-liquid interface.
𝑦 = 0: 𝑢 = 𝑤 = 0

𝑦 = 𝛿:

𝜕𝑢 𝜕𝑤
=
=0
𝜕𝑦 𝜕𝑦

(76)

(77)

Integrating the momentum equations and applying boundary conditions yields the equation for the
velocity components in both the axial and tangential directions which are given as follows:

𝑢=

𝑔(𝜌𝑙 − 𝜌𝑣 )𝑠𝑖𝑛𝜙𝑐𝑜𝑠𝛽 2 𝑦 1 𝑦 2
𝛿 ( − ( ) )
𝜇𝑙
𝛿 2 𝛿

(78)

𝑔(𝜌𝑙 − 𝜌𝑣 )𝑠𝑖𝑛𝛽 2 𝑦 1 𝑦 2
𝛿 ( − ( ) )
𝜇𝑙
𝛿 2 𝛿

(79)

𝑤=

Integration of the continuity equation over the film thickness incorporating the phase change at the
interface:
𝜕 𝛿
𝜕 𝛿
𝜆𝑙
𝜕𝑇
∫ 𝑢𝑑𝑦 + ∫ 𝑤𝑑𝑦 = (
)( )
𝜕𝑥 0
𝜕𝑧 0
𝜌𝑙 𝐻𝑓𝑔 𝜕𝑦 𝑦=𝛿

(80)

The temperature gradient at the interface is approximated using a heat transfer resistance analogy.
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(

𝜕𝑇
𝑇𝑠𝑎𝑡 − 𝑇𝑎𝑚𝑏
)
=
𝐷
𝛿
𝜕𝑦 𝑦=𝛿
+
𝑁𝑢𝑎 𝜆𝑎 𝜆𝑙

(81)

Substituting Eqs. (78), (79) and (81) into (80) and expressing in non-dimensional form, the film
thickness equation can be expressed as:

𝑐𝑜𝑠𝛽 𝑠𝑖𝑛𝜙 𝛿 ∗2

𝜕𝛿 ∗
𝜕𝛿 ∗ 2
𝐽𝑎
1
( 𝑟
)
+ 𝑠𝑖𝑛𝛽𝛿 ∗2 ∗ + 𝑐𝑜𝑠𝛽𝑐𝑜𝑠𝜙 𝛿 ∗3 =
∗
𝜕𝜙
𝜕z
3
𝑅𝑎
+
𝛿
𝑁𝑢𝑎𝑖𝑟

(82)

Such that:
𝐽𝑎
𝜆𝑙 (𝑇𝑠𝑎𝑡 − 𝑇𝑤 )𝜇𝑙
=
𝑅𝑎 𝐻𝑓𝑔 𝑔𝜌𝑙 (𝜌𝑙 − 𝜌𝑣 )𝐷3

(83)

Once the film thickness equation is solved, the stratified angle can be calculated using a mass
balance on the lower region of the tube assuming a rectangular cross-section. The mass flow rate
change with respect to the z-direction can be given as:
𝑑𝑚̇ 𝑙 2𝜌𝑙 (𝜌𝑙 − 𝜌𝑣 )𝑔
=
𝑠𝑖𝑛𝜙𝑠 𝑐𝑜𝑠𝛽 𝛿 3 (𝜙𝑠 )
𝑑𝑧
𝜇𝑙

(84)

The overall and system heat transfer coefficient (HTC) can be calculated from the film thickness
evaluated at the stratified angle, 𝜙𝑠 :

𝐻𝑇𝐶 =

1 𝐿 𝜙𝑠
𝐷
𝛿 −1
∫ ∫ (
+ ) 𝑑𝜙 𝑑𝑧
𝜋𝐿 0 0 𝑁𝑢𝑎 𝜆𝑎 𝜆𝑙

(85)

4.1.3 Isolated Cylinder in Crossflow
While the Nusselt thin film analysis has proven to be an incredibly accurate model for film
condensation in tubes for a wide range of parameters, the idealization of a constant surface
temperature can become invalid if the coolant side resistance become large as is the case of air61

cooled condensers. It is therefore critical to study the air-side heat transfer characteristics to
achieve a comprehensive understanding of the system. Crossflow heat transfer over a circular
cylinder can be used to approximate the physical situation and has been extensively studied and
both experimentally and numerically. The results illustrate a significant non-uniformity in the heat
transfer coefficient profile along the periphery and that the heat transfer coefficient is higher at the
leading edge and a lower near the point of separation. The tube surface temperature distribution
and consequently the film thickness development along the tube wall are therefore largely
dependent on the direction of the flow as well as the relative magnitudes of the inner and outer
heat transfer resistances.
Typically, the heat transfer on the coolant side in ACCs are significantly lower than the film
thickness thermal resistance causing the surface temperature to approach the saturation
temperature of the working fluid. For this investigation, experimental data is used to represent the
air-side resistance where available and numerical models. The Nusselt number for crossflow over
a tube varies as a function of the air-side angle 𝜃, as measured from the leading edge, illustrated
in Fig. 4.2.
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Fig. 4.2: Description of angle relationships of velocity direction along the outside of the tube and
film condensate inside the tube

The experimental air-side Nusselt number from literature [57] as shown in Fig. 4.3 is coupled to
the film thickness model to determine the consequences of variable heat surface heat transfer
coefficient on the air-side as well as the role of inclination and attack angle, 𝛼.
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Fig. 4.3: Coolant heat transfer coefficient distribution for crossflow cooling.

4.1.4 Cross flow over Tube bundle
While there is a large quantity of experimental data available for an isolated cylinder, tube bundles
are largely limited to computational fluid dynamic (CFD) results and is the method chosen for this
portion of the study. The CFD simulation for the air-side flow is accomplished using ANSYS
Fluent. The problem is considered two-dimensional, steady, incompressible, and turbulent. Air in
this case is considered Newtonian with constant physical properties. The proposed staggered and
in-line tube configuration and computational domain are shown in Fig. 4.4. A constant uniform
velocity boundary condition is used at the inlet with constant temperature Tamb, and a pressure
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outlet is used at the opposite boundary. The upper and lower boundary conditions are considered
symmetry conditions. The tube surfaces are at constant temperature Tw.

Fig. 4.4: Computational Domain: (a) Staggered tube arrangement and (b) in-line tube
arrangement
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Table 2 : Simulation Parameters

Parameter

Value

Unit

𝑇𝑤

373

𝐾

𝑇𝑎𝑚𝑏

300

𝐾

𝐷

10

𝑚𝑚

𝐿

5000

𝑚𝑚

𝑅𝑒

2000, 5000

𝜌

1.225

𝛽

45

𝑑𝑒𝑔

𝑆𝑡

15

𝑚𝑚

𝑆𝑙

15, 20, 25, 30

𝑚𝑚

𝑝𝑜𝑢𝑡

0

𝑃𝑎

(𝑅𝑎/𝐽𝑎)1/4

260

𝑘𝑔/𝑚2

4.1.5 Computational Fluid Dynamics (CFD)
The flow field in this problem is solved by using a finite volume formulation to discretize the
conservation equations for momentum, mass, and energy. For turbulent incompressible flow, the
RANS (Reynolds-averaged Navier-Stokes) equations for conservation can be written in tensor
notation as:
Continuity:
𝜕𝜌
𝜕
(𝜌𝑢𝑖 ) = 0
+
𝜕𝑡 𝜕𝑥𝑖
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(86)

Momentum:
𝜕
𝜕
𝜕𝑝
𝜕
𝜕𝑢𝑖 𝜕𝑢𝑗 2 𝜕𝑢𝑘
𝜕
′ ′
̅̅̅̅̅̅
(𝜌𝑢𝑖 ) +
(𝜌𝑢𝑖 𝑢𝑗 ) = −
+
[𝜇 (
+
− 𝛿𝑖𝑗
)] +
(−𝜌𝑢
𝑖 𝑢𝑗 )
𝜕𝑡
𝜕𝑥𝑗
𝜕𝑥𝑖 𝜕𝑥𝑗
𝜕𝑥𝑗 𝜕𝑥𝑖 3
𝜕𝑥𝑘
𝜕𝑥𝑗

(87)

Energy:
𝜕
𝜕
𝜕𝑇
[𝑢𝑖 (𝜌𝐸 + 𝑝)] =
[𝜆𝑒𝑓𝑓
+ 𝑢𝑗 (𝜏𝑖𝑗 )𝑒𝑓𝑓 ]
𝜕𝑥𝑖
𝜕𝑥𝑖
𝜕𝑥𝑖

(88)

The RNG (Renormalization Group) k-ϵ turbulence model developed by Yakhot and Orzag [58] is
used in this study. It is a two-equation model that improves upon the standard k-ϵ model by adding
an addition term to the ϵ equation, enhancing the treatment of swirl, and an analytical formula for
turbulent Prandtl numbers.
4.1.6 Grid Sensitivity
To balance computational expense and solution accuracy, a structured quadrilateral grid is
employed with local refinement near the surface of the cylinders to capture boundary layer effects
such as steep temperature gradients and the computation mesh is shown in Fig. 4.5.

Fig. 4.5: Computational Mesh: (a) Staggered tube arrangement and (b) in-line tube arrangement
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Fig. 4.5(c): zoomed to near wall mesh

To investigate the influence of grid refinement on the solution, several grids have been tested and
the grid densities are shown in Table 3. The results of the average Nusselt number of the leading
and trailing cylinders are used as a metric and the relative error is kept under 5% and this is shown
in Fig. 4.6. The refinement process investigated increasing the number of inflation layers near the
cylinder surfaces as well as increasing the number of nodes around the periphery of the cylinder
these details are also specified. It was found that the relative error in average Nusselt number of
the leading cylinder between Mesh E and F in Table 3 was less than 1% and therefore mesh E was
selected for the analysis. Fig. 4.7 and Fig. 4.8 show a comparison of the current numerical study
for crossflow in tube banks to experiments carried out by Zukauskas [59] and numerical results
obtained from Mirabdolah et al. [60]. The benchmark results are in good agreement compared with
available experimental and numerical results.
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Fig. 4.6: Mesh Sensitivity Analysis

Table 3: Grid Independence
Mesh

Cylinder nodes

Total cells

A

Number of
inflation layers
15

80

21546

B

15

100

28857

C

25

100

35857

D

25

180

90564

E

40

180

118652

F

50

360

194587
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Fig. 4.7: Comparison of current study with experimental data for staggered configuration

Fig. 4.8: Comparison of current study with experimental data for inline configuration
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4.2

RESULTS AND DISCUSSIONS

Fig. 4.9: Temperature Distribution (a) Inline arrangement and (b) Staggered arrangement
Film condensation with cross flow convective cooling is considered. Coupling of a single isolated
cylinder in a crossflow and with a film condensation model in an inclined cylinder is investigated
first. The diameter of the cylinder is 2 cm and the distributions of air-side local Nusselt number is
acquired experimentally and shown in Fig. 4.3 for a range of coolant Reynolds number. Once
coupled, the film thickness in the upper region of the steam domain of the tube can be calculated
by solving Eq. (82 ) numerically. The film thickness is then used to iteratively determine the
stratified angle for every axial position to characterize the accumulation in the lower portion of the
tube. The stratified angle is shown in Fig. 4.10 as a function of the axial distance from the inlet for
various coolant Reynolds numbers at a fixed inclination angle, β of 75∘ . A higher Reynolds number
yields a higher Nusselt number on the coolant side resulting in an increase in accumulated
condensate and the stratified angle increasing more rapidly.
The inclination angle has a significant impact on the heat transfer coefficient of the system as a
large inclination angle drives the flow axially in contrast with to lower inclination angle in which
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the flow is primarily tangential. For a constant coolant Reynolds number, the stratified angle for a
range of inclination angles are shown in Fig. 4.11. As inclination angle increases, the flow is driven
axially under the influence of gravity and therefore the rate of accumulation on the at the lowermost
point of the tube decreases. The variation of the local Nusselt number along the axial direction for
a constant inclination angle are shown in Fig. 4.12. For all Reynolds number the Nusselt number
decreases with increasing axial position however lower air-side Reynolds numbers demonstrate a
more gradual decline due to the less accumulation condensate gathering at the lowermost region
of the tubes.

Fig. 4.10: Variation of stratified angle with axial position for various coolant Reynolds numbers
(𝛽 = 75°
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Fig. 4.11: Variation of the stratified angle with axial position at different inclination angles (Re =
15900)

Fig. 4.12: Variation of theoretical mean overall heat transfer coefficient with coolant Reynolds
number
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Fig. 4.13: Variation of theoretical mean overall heat transfer coefficient with coolant angle of
attack 𝛽 = 45°

Due to the non-uniformity of the air-side heat transfer coefficient, the direction of flow can affect
the rate of condensation in the system. Fig. 4.13 depicts the dependence of system HTC on the
attack angle with an attack angle of 0∘ and 180∘ corresponding to the leading edge of the air
crossflow located at the uppermost point and lowermost point of the tube, respectively. It is
observed that a maximum Nusselt number is achieved at an attack angle of 70∘ from the uppermost
point for an inclination angle of 45∘ . This effect becomes less pronounced as inclination angle
towards a vertical configuration (𝛽 = 90∘ ) increases due to the film condensate being driven
axially under the influence of gravity.
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For the analysis of tube bundles the air flow originates from the fan and approaches the bundle in
the negative direction of gravity, hence, the leading edge from the air-side numerical simulation is
associated with the lowermost point on the condensation tube and the trailing edge is coupled to
the uppermost point in the condensation domain. The heat transfer coefficient (HTC) can be
calculated for each tube by combining the air-side and steam-side resistances in both the inline and
staggered tube arrangement for both Re = 2000 and Re = 5000 at various longitudinal pitch.
The local Nusselt number of the air-side was solved using ANSYS Fluent for a range of
longitudinal spacing and fixed transverse spacing in both a staggered and inline configuration at a
Reynolds number of 2000 and 5000. Once calculated, the Nusselt number distribution was coupled
to the interior flow using a heat transfer resistance analogy. The physical simulation parameters
are shown in Table 2. Typical air-side temperature and velocity distribution are shown Fig. 4.14 Fig. 4.17 for both the inline and staggered tube arrangements.

Fig. 4.14: Temperature distribution for Re = 2000 𝑆𝑙 = 25 𝑚𝑚 (a) inline tubes and (b)
staggered tubes
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Fig. 4.15: Temperature distribution for Re = 5000 𝑆𝑙 = 25 𝑚𝑚 (a) inline tubes and (b)
staggered tubes

Fig. 4.16: Velocity distribution for Re = 2000 𝑆𝑙 = 25 𝑚𝑚 (a) inline tubes and (b) staggered
tubes
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Fig. 4.17: Velocity distribution for Re = 5000 𝑆𝑙 = 25 𝑚𝑚 (a) inline tubes and (b) staggered
tubes
An illustrative relationship is shown in Fig. 4.18 and Fig. 4.19 between the overall HTC and the
stratified angle for a Re = 2000 and a longitudinal pitch of 30 mm. As the condensed liquid
accumulates on the lower region of the tube, the resistance on the steam-side increases and
therefore the overall HTC decreases. At lower Reynolds number, the air-side local convective heat
transfer coefficient distribution largely affects the rate of decrease. At higher air-side Reynolds
number, the heat transfer resistance associated with that side decreases and the film thickness
becomes the restricting factor. The film thickness can be used in conjunction with the stratified
angle to determine the overall heat transfer coefficient of the system. Fig. 4.20, Fig. 4.21, Fig. 4.22
and Fig. 4.23 show the relationship between the overall heat transfer on each tube and the row
number (with row one being nearest to the velocity inlet condition and row seven being furthest).
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Fig. 4.18: Dependence of HTC on the stratified angle for Re = 2000 in an inline configuration

Fig. 4.19: Dependence of HTC on the stratified angle for Re = 2000 in staggered configuration
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Fig. 4.20: Dependence of HTC on the longitudinal pitch for Re = 2000 in an inline configuration

Fig. 4.21: Dependence of HTC on the longitudinal pitch for Re = 2000 in staggered
configuration
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Fig. 4.22: Dependence of HTC on the longitudinal pitch for Re = 5000 in an inline configuration

Fig. 4.23: Dependence of HTC on the longitudinal pitch for Re = 5000 in staggered
configuration
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It is observed that for an inline configuration the heat transfer coefficient on the leading cylinder
is largest for all cases and the overall heat transfer coefficient degrades in subsequent rows as the
boundary layer develops increasing the local temperature near the tube surfaces. The staggered
configuration for both Re = 2000 and Re = 5000, show a different trend such that heat transfer
coefficient of the second tube is larger than the leading one. The flow acceleration due to blockage
by the first row of tubes explains this and is consistent with observations by Buyruk et al. [61]. It
has been shown in literature that the angle of inclination can have a significant impact on the
overall performance of the system. The inclination angle used for this study was 45 degrees and
additional studies can be pursued to optimize this parameter.
Fig. 4.24 and Fig. 4.25 show the relationship between the overall system-level HTC. For lower
Reynolds numbers (Re = 2000), the overall heat transfer of the system is strongly dependent on
the longitudinal pitch for the inline tube configuration, and largely unaffected in the staggered tube
configuration with only a slight improvement being observed as the pitch was increased. For higher
Reynolds numbers (Re = 5000), the overall heat transfer coefficient was larger than for lower
Reynolds numbers.
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Fig. 4.24: Dependence of Overall HTC on the longitudinal pitch for Re = 2000 in an inline and
staggered configuration.

Fig. 4.25: Dependence of Overall HTC on the longitudinal pitch for Re = 5000 in an inline and
staggered configuration.
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CHAPTER 5
CONDENSATION PRESSURE LOSS

5.1

PRESSURE DROP CORRELATIONS

Experimental data for condensing flows are often compared to correlations derived from databases
of adiabatic pressure drop. Due to the fundamental importance of pressure drop on the
characteristics and design of condenser systems, numerous methods have been proposed to model
the flow pressure drop.
5.1.1 Homogeneous
The simplest approximation of two-phase flow in tubes is the idealization of homogeneous flow,
which assumes that the liquid and vapor phase have the same velocity with mixed physical
properties. The combined frictional pressure drop for the mixture is calculated as follows:

(

Δ𝑝
𝐺2
) =
𝑓
Δ𝐿 fric 2𝐷𝜌tp tp

(89)

where G is the mass flux, 𝜌𝑡𝑝 is the two-phase density of the mixture, D is the diameter. The two
phase friction factor is then calculated according to following equations for single phase flow:
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𝑓𝑜𝑟 𝑅𝑒tp < 2100
𝑅𝑒tp

(90)

0.316
𝑓𝑜𝑟 𝑅𝑒𝑡𝑝 > 2100
𝑅𝑒tp0.25

(91)

𝑓tp =

𝑓tp =

where two-phase Reynolds number, 𝑅𝑒𝑡𝑝 , is defined as:
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𝑅𝑒tp =

𝐺𝐷
𝜇tp

(92)

The two-phase density, 𝜌𝑡𝑝 , and two-phase viscosity, 𝜇𝑡𝑝 , are calculated as follows:

𝜌𝑡𝑝

1 − 𝑥 𝑥 −1
=(
+ )
𝜌𝑙
𝜌v

𝜇𝑡𝑝 = (𝛼𝑙 𝜇𝑙 + (1 − α𝑙 )μv )−1

(93)

(94)

where 𝑥 is the vapor quality. Homogeneous models are differentiated by their calcuation of 𝜇𝑡𝑝
and many correlations have been proposed.
5.1.2 Separated 𝜙𝑙𝑣 − Models
Separated flow models treat the liquid and vapor phases as seperate domains, which better
represents the physical situation. Separated flow models can be broadly subdivided into two
categories: 𝜙𝑙𝑣 − models (liquid-vapor) and 𝜙𝑙𝑜 – models (liquid-only). 𝜙𝑙𝑣 models combine both
liquid and vapor phase pressure drop with a two-phase multiplier.
Δ𝑝
Δ𝑝
2
( ) = ( ) 𝜙𝑙𝑣
Δ𝐿 fric
Δ𝐿 𝑙

(95)

Δ𝑝
[𝐺(1 − 𝑥)]2
( ) =
𝑓𝑙
Δ𝐿 𝑙
2𝐷𝜌𝑙

(96)

𝑅𝑒𝑙 =

𝐺(1 − 𝑥)𝐷
𝜇𝑙

(97)

where 𝑓𝑙 is the liquid friction factor calculated using the liquid physical properties and mass flux.
Lockhart and Martinelli [55] initially investigated a 𝜙𝑙𝑣 pressure drop model based on the
assumptions that the static pressure drop of the liquid phase and the gas phase must be equal and
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the sum of the volume occupied by each phase must be equal to the total volume of the pipe. The
2
graphical results for the two-phase multiplier, 𝜙lv
presented by Lockhart and Martinelli [55] were

later fit to the following algebraic function by Chisholm [62].
2
𝜙𝑙v
= 1+

𝐶
1
+ 2
𝑋 𝑋

(98)

where Χ was termed the Lockhart-Martinelli parameter,
(Δ𝑝/Δ𝐿)𝑙 0.5
𝑋=[
]
(Δ𝑝/Δ𝐿)v

(99)

and C, is the flow dependent Chisholm parameter.
5.1.3 Separated 𝜙𝑙𝑜 – model
The second type of seperated pressure drop model is the 𝜙𝑙𝑜 – model, where frictional pressure
drop is the product of the single phase pressure drop of the liquid phase and the two-phase
multiplier calculated from the liquid phase.
(

Δ𝑝
Δ𝑝
2
) = ( ) 𝜙𝑙o
Δ𝐿 frict
Δ𝐿 𝑙o

(100)

Δ𝑝
𝐺2
( ) =
𝑓
Δ𝐿 𝑙o 2𝐷𝜌𝑙 𝑙o

(101)

𝑅𝑒𝑙o =

𝐺𝐷
𝜇𝑙

(102)

where 𝑓𝑙𝑜 is the liquid only friction factor calculated by Eqs. (90) and (91) using liquid physical
2
properties and the vapor mass flux. The “liquid-only” two-phase multiplier, 𝜙𝑙o
varies in definition

based on the model and commonly used defninitions are shown in Table 4.
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5.1.4 Film Thickness – Surface Roughness Analogy
Another method was introduced when Wallis [63] noticed a similarity between frictional pressure
drop due to two-phase flow and frictional pressure drop due to surface roughness and suggested a
correlation which calculates an effective surface roughness based on film thickness. He curve fit a
set of annular flow experimental data resulting in the relation:
𝛿
𝑓 = 0.005 [1 + 300 ( )]
𝐷

(103)

where D is the tube diameter, 𝛿 is film thickness and related the void fraction, 𝛼, as follows

𝛼 = 1−
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4𝛿
𝐷

(104)

Table 4: Frictional pressure drop correlations
Reference
Lockhart and Martinelli [55]

Chisholm[64]

Friedel [65]

Correlation
C = 5 laminar liquid − laminar vapor
C = 10 turbulent liquid − laminar vapor
C = 12 laminar liquid − turbulent vapor
C = 20 turbulent liquid − turbulent vapor
ϕ2lo = 1 + (𝛤 2 − 1)(Bx 0.875 (1 − x)0.875 + x1.75 )
B = 4.8𝛤 ≤ 9.5, G ≤ 500 kg/(m2 ⋅ s)
2400
B=
𝛤 ≤ 9.5, G < 500 < 1900 kg/(m2 ⋅ s)
G
55
B = 0.5 𝛤 ≤ 9.5, G ≥ 1900 kg/(m2 ⋅ s)
G
520
B=
9.5 < 𝛤 < 28, G ≤ 600 kg/(m2 ⋅ s)
𝛤G 0.5
21
B=
9.5 < 𝛤 < 28, G > 600 kg/(m2 ⋅ s)
𝛤
B = 𝛤 2 G0.5 𝛤 ≥ 28
0.91

ϕ2lo = (1 − x)2 + x 2 𝛤 2 +

3.24x 0.78 (1 − x)0.224 ρl
( )
0.045
0.035
ρg
𝐹𝑟tp
𝑊𝑒tp
−1

𝑥 1−𝑥
𝜌𝑡𝑝 = ( +
)
𝜌𝑔
𝜌𝑙
Gronnerud [49]

𝐹𝑟 =

μg 0.19
μg 0.7
( )
(1 − )
μl
μl

𝐺2
2
𝑔𝐷𝜌𝑡𝑝

𝜌l 𝜇v 0.25
2
0.5
𝜙lo
= 1 + 𝑓𝐹𝑟 [𝑥 + 4(𝑥 1.8 − 𝑥10 𝑓𝐹𝑟
)] [( ) ( )
− 1]
𝜌v 𝜇l
1 2
𝑓𝐹𝑟 = 𝐹𝑟lo0.3 + 0.0055 [ln (
)] ; 𝐹𝑟𝑙𝑜 < 1;
𝐹𝑟lo
𝑓𝐹𝑟 = 1 ; 𝐹𝑟𝑙𝑜 > 1

Muller-Steinhagen Heck [45]
Wallis [63]

1

2
𝜙𝑙𝑜
= [1 + 2𝑥(Γ 2 − 1)](1 − 𝑥)3 + Γ 2 𝑥 3

𝛿
𝑓 = 0.005 [1 + 300 ( )]
𝐷
𝛼 =1−

Carey [47]

4𝛿
𝑑
−0.25

𝐺𝑥(D − 𝛿)
𝑓 = 0.079 [
]
4δ
𝜇𝑔 (1 − )
𝑑
𝛼 =1−
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4𝛿
𝐷

5.2

EXPERIMENTAL SETUP

The experimental ACC schematic used for measuring two-phase pressure drop under ambient
conditions is shown in Fig. 5.1. ACCs are the intersection of two fluid loops, a steam Rankine
cycle, and an open cooling loop with ambient air. A booster pump circulates water from a 100
gallon tank to a 20 kW steam generator (Sussman T-07603-40). A globe valve and superheater are
installed between the steam generator and test section to ensure only steam vapor enters the test
section and to reduce the pressure to near atmospheric. At the lower manifold of the condenser test
section, liquid condensate is collected into three tanks. Two collection tanks are dedicated to the
tested finned tubes and one is dedicated to the dephlegmator. Excess steam is directed into the tank
by an eductor valve, creating a closed loop. The experimental facility is located in the docking area
of the Science and Engineering building at the University of Nevada, Las Vegas and shown in Fig.
5.2. The system is run for 30 min at max capacity before testing to ensure that all of the air is
removed from the system.
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Fig. 5.1: Schematic diagram of experimental apparatus
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Fig. 5.2: Experimental ACC system
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Fig. 5.3: VFD speed control
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Fig. 5.4: Experimental test section
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Fig. 5.5: Axial fan driven by a ½ hp motor
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Fig. 5.6: Hot wire anemometers and plain tubes
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Fig. 5.7: Fan condition measurements
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Table 5: Operating conditions and uncertainty of experimental parameters
Parameter

Range

Uncertainty

Air Reynolds number, 𝑅𝑒𝑎 [m s-1]

0-1700

±1.0%

Ambient temperature, 𝑇𝑎𝑚𝑏 [°C]

3-45

±0.1

Condensing pressure, 𝑃𝑠𝑎𝑡 [kPa]

95-168

±0.1

Liquid Reynolds number, 𝑅𝑒𝑙 [-]

50-200

±2.0%

Vapor quality, 𝑥 [-]

0.51-0.86

±0.01

Vapor mass flux, G [kg m-2 s-1]

3- 18

±1.0%

Vapor Reynolds number, 𝑅𝑒𝑣 [-]

4000-7200

±2.0%

Cooling air is provided to the test section by an axial fan (Fig. 5.5) with a 762 mm diameter which
is driven by a 559 watt motor. The fan is controlled by a variable frequency drive shown in Fig.
5.3 allowing for precise adjustment of the fan speed. The test section Fig. 5.4 is 6.096 m long and
304.8 mm wide and operates as a cross-flow heat exchanger with steam flowing in finned tubes
and ambient air flowing perpendicular to the axial direction of the steam. The five brazed finned
copper tubes with length, L = 6.096 m with inner and outer diameter of the tubes are 14.84 and
15.88 mm, respectively. The fins are 0.51 mm thick with a spacing of 5.1 mm as shown in Fig.
5.8.
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Fig. 5.8: Brazed finned tubes

Ambient conditions are measured at the top of the ACC system. Air temperature and relative
humidity are measured using a Vaisala HMP60-L temperature and relative humidity probe.
Ambient pressure is measured by a CS100 barometric pressure sensor. Ten T-type thermocouples
are used to make temperature measurements of the steam loop. The inlet flow rate of the liquid
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water is measured using an Omega FTB4707 water flow meter that has a sensitivity of 1%. The
pressure drop is measured by pressure transducers (Omega PX279-05G5V) installed in the upper
and lower manifolds. Air temperature and velocity are measured using five Omega FMA-903 air
velocity transducers (Fig. 5.6), with four positioned at evenly spaced positions along the length of
the test section downflow of the finned tubes and another located at the fan outlet.

5.3

DATA REDUCTION

The total pressure drop is a combination of three components: the frictional, momentum and
gravitational pressure drops.
𝛥𝑃𝑡𝑜𝑡𝑎𝑙 = 𝛥𝑃𝑓𝑟𝑖𝑐 + 𝛥𝑃𝑚𝑜𝑚 + 𝛥𝑃𝑠𝑡𝑎𝑡

(105)

Momentum pressure drop is determined from the change in kinetic energy from the inlet to the
exit caused by the change in density.
(1 − 𝑥)2
(1 − 𝑥)2
𝑥2
𝑥2
𝛥𝑃𝑚𝑜𝑚 = 𝐺 2 {[
+
] −[
+
]}
𝜌𝑙 (1 − 𝛼) 𝜌𝑣 𝛼 𝑒
𝜌𝑙 (1 − 𝛼) 𝜌𝑣 𝛼 𝑖

(106)

where 𝜌𝑣 and 𝜌𝑙 are the vapor and liquid phase density, 𝑥 is the vapor quality, 𝛼 is the void
fraction. Static pressure drop due to gravity can be determined from:
Δ𝑃𝑠𝑡𝑎𝑡 = 𝑔(𝛼𝜌𝑣 + (1 − 𝛼)𝜌𝑙 )ℎ

(107)

where 𝑔 is gravitational acceleration and h is the change in height between the tube inlet and tube
outlet. Mass flux, G, can be calculated as:
𝐺=

𝑚̇𝑡𝑢𝑏𝑒
𝐴𝑡𝑢𝑏𝑒
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(108)

To evaluate the accuracy of each predictive model, three parameters are introduced: the mean
percent error (MPE), the mean absolute percent error (MAPE), and the normalized root mean
square error (NRMSE).
𝑁

1
𝑀𝑃𝐸 = ∑ 𝑃𝐸𝑖 × 100%
𝑁

(109)

𝑖=1
𝑁

1
𝑀𝐴𝑃𝐸 = ∑|𝑃𝐸𝑖 | × 100%
𝑁

(110)

𝑖=1

𝑁𝑅𝑀𝑆𝐸 = (

𝑁

1

1
2

1
) ( ∑ 𝐸𝑖2 ) × 100%
𝑆𝑒𝑥𝑝
𝑁

(111)

𝑖=1

where error, 𝐸𝑖 , percent error, 𝑃𝐸𝑖 , and experimental span, 𝑆𝑒𝑥𝑝 , are defined as:
𝐸𝑖 = (Δ𝑃/Δ𝐿)𝑖,𝑚𝑜𝑑 − (Δ𝑃/Δ𝐿)𝑖,𝑒𝑥𝑝

(112)

(Δ𝑃/Δ𝐿)𝑖,𝑚𝑜𝑑 − (Δ𝑃/Δ𝐿)𝑖,𝑒𝑥𝑝
(Δ𝑃/Δ𝐿)𝑖,𝑒𝑥𝑝

(113)

𝑃𝐸𝑖 =

𝛥𝑃
𝛥𝑃
𝑆𝑒𝑥𝑝 = max (( )
) − min (( )
)
𝛥𝐿 𝑖,𝑒𝑥𝑝
𝛥𝐿 𝑖,𝑒𝑥𝑝

(114)

Subscripts exp and mod represent the experimental value and predicted model value, respectively.
N is the number of experimental data points.

5.4

RESULTS AND DISCUSSION

The flow characteristics play a significant role in condensation pressure drop. Fig. 5.9 shows the
vapor and liquid Reynolds number for the experimental data. The plot is subdivided into 4
quadrants that indicate whether each phase is in laminar or turbulent flow. The inlet steam mass
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flux ranges from 3 and 18 kg/(m2·s), and the steam saturation temperature ranges from 98 to 109
°C. The flow regime of the vapor and liquid phases of the system both impact the two-phase
frictional pressure drop and are implemented in the pressure drop correlations. At Reynolds
number, Re = 2100 the flow regime transitions from laminar to turbulent. The steam mass flux in
air-cooled condensers is generally low due to the low kinematic viscosity, it will typically be in
the turbulent flow regime. The low liquid volume fraction results in a slow moving, gravity driven
film along the tube wall which is in the laminar flow regime (low velocity, high viscosity).

Fig. 5.9: (a) Experimental flow conditions for vapor and liquid phases
100

Fig. 5.9(b) Experimental flow conditions for vapor and liquid phases (enlarged)
The distribution of the liquid and vapor phases can also have a significant impact on the frictional
pressure drop. The flow pattern map reported by El Hajal [66] is used to check the flow regime of
the experimental data points and plotted in Fig. 5.10.
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Fig. 5.10: Experimental data compared to flow pattern map proposed by El Hajal et al. [66]. The
dotted line indicates the stratified/stratified-wavy transition and is given by Eq. (115).
For flows with low vapor mass flux, flows will typically exist in the stratified and stratified-wavy
regime and the transition between these is given by the following equation:
1⁄3

𝐺strat

(226.3)2 𝐴𝑙 𝐴2𝑣 𝜌𝑣 (𝜌𝑙 − 𝜌𝑣 )𝜇𝑙 𝑔
=[
]
𝑥 2 (1 − 𝑥)𝜋 3

+ 20𝑥

(115)

where 𝐴𝑣 and 𝐴𝑙 are the cross-sectional area of the vapor and liquid flow, respectively.
𝐴𝑣 =

𝐴𝛼
𝐷2
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(116)

𝐴𝑙 =

𝐴(1 − 𝛼)
𝐷2

(117)

Fig. 5.11 shows the dependence of experimental total pressure drop with temperature difference at
fan speeds of 30, 45, and 60 Hz and a mean mass flux of 11.5 kg/(m2·s) during cold ambient
conditions (𝑇𝑎𝑚𝑏 < 20∘ 𝐶). It is apparent that temperature difference has a significant impact on
the total pressure drop. Additionally, it can be seen that for all fan speeds, increases in temperature
difference lead to a near linear increase in pressure drop.

Fig. 5.11: Variation of total pressure drop with temperature difference with low ambient
temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
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In the stratified flow region, a larger temperature difference increases the thickness of the thin film
within the condenser tubes and therefore the frictional pressure gradient. This phenomenon is the
same as reported by Ewim and Meyer [40]. Fig. 5.12 shows the dependence of experimental total
pressure loss with temperature difference at fan speeds of 30, 45, and 60 Hz and a mean mass flux
of 11.5 kg/(m2·s) during hot ambient conditions (𝑇𝑎𝑚𝑏 > 30∘ 𝐶) . From the figure it is again
apparent that temperature difference increases linearly with temperature difference and that for all
fan speeds, increases in temperature difference lead to an increase in pressure drop.

Fig. 5.12: Variation of total pressure drop with temperature difference with high ambient
temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
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To further analyze the data, a linear regression was performed at both cold and hot ambient
temperature conditions and shown in Fig. 5.11 and Fig. 5.12. During cold ambient temperatures,
the total pressure drop variation with temperature was approximately 3.21, 2.47, and 2.14 kPa/°C
for 30, 45, and 60 Hz, respectively. For Δ𝑇 ≅ 94∘ 𝐶, increasing the fan speed from 30 to 45 and
60 Hz increases the total pressure drop by about 3.85 kPa (+3.9%) and 6.48 kPa (+6.5%),
respectively. During hot ambient temperatures, the total pressure drop variation with temperature
was approximately 4.74, 4.51, and 4.30 kPa/°C for 30, 45, and 60 Hz, respectively. For Δ𝑇 ≅ 79∘ 𝐶,
increasing the fan speed from 30 to 45 and 60 Hz increases the total pressure drop by about 8.97
kPa (+58.9%) and 17.2 kPa (+113%), respectively. From this we can conclude that changes in fan
speed have a larger impact on the total pressure drop when the ambient temperature is high, and
the temperature difference is lower. This is because if the inlet vapor mass flux is held constant,
when Δ𝑇 is high and the air-side thermal resistance is low, the film growth along the inner wall of
the condenser tube is limited by the available vapor for condensation.
The frictional pressure drop of the experimental ACC system has been compared to several
commonly cited correlations from the available literatures with the goal of establishing the
predictability of each model. Experimental frictional pressure drop is determined from Eq. (105)
by subtracting momentum recovery and gravitational components of the pressure drop from the
total pressure drop. For this study, the predicted frictional pressure drop is calculated using the
mean vapor quality.
The comparison of the entire database of experimental frictional pressure drop with predictions by
commonly cited frictional pressure drop models from literature is shown in Fig. 5.13. A summary
of the statistical results for MPE, MAPE and NRMSE of the correlations from literatures which
were calculated according to Eqs. (109)-(111) is shown in Table 6, where N is the number of data
105

points satisfying the temperature criteria. Table 7 shows the predictive ability of each frictional
pressure drop for the condensation which is the percentage of data points which were correctly
predicted within the indicated ambient temperature condition and error range.
For the full range of ambient temperature conditions, the correlations of Chisholm [64], Friedel
[65], Wallis [63] and Carey [47] had the best performance. Best overall performing correlation was
Wallis [63] with MAPE of 17.60% and an NRMSE of 14.87%. Of these the correlations of
Chisholm [64], Friedel [65] and Carey [47] all over predicted the experimental data while that of
Wallis [63] slightly underpredicted. The correlations of Chisholm [64], Friedel [65], Wallis [63]
were all able to predict over 75% of the dataset within 30% with Wallis [63] being the best
performer with a predictability of 86.27%. Correlations such as Wallis [63] and Carey [47] have
specific reference to film thickness and are therefore more sensitive to changes in vapor void
fraction. The method of Gronnerud [49] gave relatively poor predictions of the frictional pressure
drop, partially due to the sensitivity of the model two-phase multiplier to vapor quality, 𝑥.
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Fig. 5.13(a): Comparison of frictional pressure drop with all experimental data using the
Homogeneous model

Fig. 5.13(b): Comparison of predicted frictional pressure drop with all experimental data using
the model of Lockhart and Martinelli [67]
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Fig. 5.13(c): Frictional pressure drop comparison with all experimental data using the model of
Chisholm [64]

Fig. 5.13(d): Frictional pressure drop comparison with all experimental data using the model of
Friedel [65]
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Fig. 5.13(e): Frictional pressure drop comparison with all experimental data using the model of
Gronnerud [49]

Fig. 5.13(f): Frictional pressure drop comparison with all experimental data using the model of
Muller-Steinhagen Heck [45]
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Fig. 5.13(g): Frictional pressure drop comparison with all experimental data using the model of
Wallis [63]

Fig. 5.13(h): Frictional pressure drop comparison with all experimental data using the model of
Carey [47]
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The comparison of the colder extreme of the experimental data database (𝑇𝑎𝑚𝑏 < 20°C , 𝑁 = 298)
of experimental frictional pressure drop with literature models is shown in Fig. 5.14. For this
subset, the correlations of Chisholm [64], Friedel [65], Carey [47] and the homogeneous model
had the best performance with the best overall performing correlation being Carey [47] with
MAPE of 11.02% and an NRMSE of 14.71%. The correlations of Chisholm [64] and Friedel [65]
underpredicted the experimental data Carey [47] and the homogeneous model overpredicted. The
correlations of Chisholm [64], Friedel [65] and Carey [47] and the homogeneous model all gave
acceptable predictions as they were able to predict over 95% of the dataset within 30% with the
best being Chisholm [64] with a predictability of 99.06%.

Fig. 5.14(a): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the Homogeneous model
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Fig. 5.14(b): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the model of Lockhart and Martinelli [67]

Fig. 5.14(c): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the model of Chisholm [64]
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Fig. 5.14(d): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the model of Friedel [65]

Fig. 5.14(e): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the model of Gronnerud [49]
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Fig. 5.14(f): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the model of Muller-Steinhagen Heck [45]

Fig. 5.14(g): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the model of Wallis [63]
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Fig. 5.14(h): Frictional pressure drop comparison with low ambient temperature (𝑇𝑎𝑚𝑏 < 20°𝐶)
using the model of Carey [47]
For the hot extreme of the database (𝑇𝑎𝑚𝑏 > 30°C ), the models of Lockhart and Martinelli [55]
and Wallis had the best performance. Best overall performing correlation was Lockhart and
Martinelli [55] with MAPE of 16.84% and an NRMSE of 20.45%, which is shown in Fig. 5.15.
Of these the correlations of Wallis over predicted the experimental data while that of Lockhart and
Martinelli [55] slightly underpredicted. The correlations of Lockhart-Martinelli [55] and Wallis
[63] were they only models to give acceptable predictions total pressure drop being able to predict
81.57% and 65.65% of dataset within 30%, respectively. It is clear that there is much room for
improvement when predicting the pressure drop at these high ambient temperature conditions.
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Fig. 5.15(a): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the Homogeneous model

Fig. 5.15(b): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the model of Lockhart and Martinelli [67]
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Fig. 5.15(c): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the model of Chisholm [64]

Fig. 5.15(d): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the model of Friedel [65]
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Fig. 5.15(e): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the model of Gronnerud [49]

Fig. 5.15(f): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the model of Muller-Steinhagen Heck [45]
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Fig. 5.15(g): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the model of Wallis [63]

Fig. 5.15(h): Frictional pressure drop comparison with high ambient temperature (𝑇𝑎𝑚𝑏 > 30°𝐶)
using the model of Carey [47]
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Table 6: Statistical comparison between the existing correlations and the database
All (N = 608)
Model \ Error

MPE
(%)

MAPE
(%)

Cold Extreme (N = 298)

NRMSE
(%)

MPE
(%)

MAPE
(%)

Hot Extreme (N = 196)

NRMSE
(%)

MPE
(%)

MAPE
(%)

NRMSE
(%)

16.28

28.23

20.75

2.13

12.19

14.87

51.07

59.12

48.00

-31.41

29.63

28.42

-38.17

37.03

42.31

-13.99

16.84

20.45

Chisholm [64]

1.92

19.39

15.14

-9.51

12.00

16.61

29.77

36.85

30.76

Friedel [65]

5.15

23.07

17.44

-8.08

12.15

16.69

39.26

47.25

38.46

Gronnerud [49]

94.52

107.87

76.34

67.56

70.55

77.12

153.94

168.47

135.48

Muller-Steinhagen Heck [45]

16.97

28.95

23.13

2.71

14.43

21.33

47.00

54.51

46.15

Wallis [63]

-5.62

17.60

14.87

-15.06

15.75

20.57

15.33

24.91

21.55

Carey [47]

12.42

23.62

18.02

0.18

11.02

14.71

40.59

47.20

39.42

Homogeneous
Lockhart and Martinelli [55]

Table 7: Predictability between the existing correlations and the database

Model \ Error Range

± 10%

All (N = 608)

Cold Extreme (N = 298)

Hot Extreme (N = 196)

Predictability (%)

Predictability (%)

Predictability (%)

± 20%

± 30%

± 10%

± 20%

± 30%

± 10%

± 20%

± 30%

Homogeneous

32.49

57.45

72.41

47.64

81.56

96.13

4.08

20.11

30.37

Lockhart and Martinelli [55]

12.28

19.87

41.20

0.00

1.68

15.75

37.98

57.78

81.57

Chisholm [64]

43.93

69.25

81.42

47.21

80.99

99.06

27.05

35.73

44.10

Friedel [65]

40.36

65.45

78.52

48.38

77.49

97.88

18.22

31.85

38.13

0.03

0.94

3.59

0.07

2.12

8.45

0.00

0.00

0.00

Muller-Steinhagen Heck [45]

31.80

55.00

67.42

47.31

77.39

89.84

12.20

23.84

31.50

Wallis [63]

33.09

66.17

86.27

28.84

67.40

94.62

24.20

50.48

65.65

Carey [47]

38.58

62.86

74.88

53.40

85.67

96.67

14.85

27.00

34.10

Gronnerud [49]
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5.5

NEW FRICTIONAL PRESSURE DROP CORRELATION

Of the correlations investigated in this study, the Wallis correlation [63] had the best agreement
with the empirical database. For this reason, a new correlation was developed that is based on film
thickness-surface roughness analogy model. The liquid Reynolds number, 𝑅𝑒𝑙 was used to correct
for the overestimation of frictional pressure drop at low ambient temperatures and the
underestimation of friction pressure drop at high ambient temperatures. Applying a non-linear
regression method on the experimental data gives the following relation:
Rel 𝛿 0.7586
) ( )]
𝑓 = 0.005 [1 + 448.4 (1 +
821 𝐷

(118)

where D is the tube diameter, 𝛿 is film thickness and related the void fraction as follows
𝛼 = 1−

4𝛿
𝐷

(119)

and the liquid Reynolds number is:
𝑅𝑒𝑙 =

𝐺(1 − 𝑥)𝐷
𝜇𝑙

(120)

Fig. 5.16 shows the comparison of the experimental two-phase frictional pressure drop with the
prediction of the new correlation. The current correlation agrees well with the experimental data
and outperforms all other tested correlations with a MAPE of 16.84% and a NRMSE of 20.45%
while being able to predict 91.41% of the experimental data within 30%.
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Fig. 5.16: Frictional pressure drop comparison using the new correlation with all experimental
data.
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CHAPTER 6
CONCLUSION AND FUTURE WORK

This work has addressed the following research questions using experimental and numerical
analysis by:
•

Developing a system coupling model to compare the relative impact of the air-side and
steam-side heat transfer resistances.

•

Deriving a new multiphase flow model for calculating the heat and mass transfer during
filmwise condensation in inclined tubes.

•

Evaluated steam-side pressure loss correlations from the available literature compared a
new pressure loss model to experimental condenser data.

•

Introduced a technique to evaluate potential performance improvements based on the
entropy generation minimization method.

6.1

NOVEL FILM CONDENSATION MODEL

Laminar film condensation heat transfer in inclined tubes is investigated. Nusselt thin film
assumptions are implemented to derive the equations for momentum, mass, and energy. The impact
of both rotation and divergence of the nonconservative Nusselt velocity vector field on film growth
and mass conservation are investigated and a new film thickness equation is introduced. A
transformation for effective peripheral angle during stratification is derived based on the assumed
linear liquid-vapor interface of Chato at the lower region of the tube.

123

6.2

HEAT TRANSFER ENHANCEMENT (NONCIRCULAR TUBES)

An analysis of laminar film condensation of a saturated vapor in inclined noncircular tubes using
cubic Bezier curves is presented. Nusselt thin film theory is assumed to derive the governing
equations for momentum, mass, and energy for a generalized surface contour. Elliptical and ovoid
tube profiles are investigated and the film thickness and Nusselt number are compared to that of a
circular tube on the basis of equivalent surface area. It was found that for a given surface area, the
pressure drop in a circular tube is the lowest, however, entropy generation due to heat transfer can
reduced by increasing |𝑌2 |/𝑋2. Ovoid tubes can achieve superior heat transfer performance over
elliptical tubes on the basis of equivalent aspect ratio, |Y2|/X2 however, this enhancement
diminishes with increased inclination angle. The pareto dominant solutions are correlated to
inclination angle and heat transfer enhancement and a new relation was proposed.

6.3

FULL SYSTEM MODEL

In the initial study, the convective cooling of the tube surface by the air-side flow in an ACC was
considered to relax the commonly used isothermal boundary condition used in film thickness
models. The study investigated the impacts of the coolant Reynolds number, inclination angle, and
angle of attack on the film condensation rate. The convective resistance on the outside of the heat
exchange tubes is the larger thermal resistance for low air-side Reynolds numbers, so the tube wall
temperature approaches the saturation temperature of the working fluid. Thus, for low air-side
Reynolds numbers, the magnitude and direction of the air flow have greater effects on the
condensation rate than the film condensation thickness. The inclination angle also significantly
affects the condensation rate due to the accumulation of condensate at the lowermost point of the
tube with the optimal angle varying with the coolant Reynolds number.
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While flow and heat transfer are typically limited by air-side convective cooling of the system,
monitoring of film condensation on the interior surface of the heat exchanger tubes can yield
valuable insight into the added resistance in the axial direction of the cylinder. For future studies
in which heat transfer enhancements are implemented, reductions in air-side resistances will make
film growth have a larger impact on overall performance.

6.4

EXPERIMENTAL CONDENSATION PRESSURE DROP

This study investigated steam condensation pressure drop in smooth inclined tubes exposed to
ambient conditions over a wide range of temperature. The frictional pressure drop was compared
to eight commonly cited pressure drop correlations from the available literatures. For the full range
of experimental conditions, the best overall performing correlation was Wallis with MAPE of
17.60% and an NRMSE of 14.87% followed by the correlations of Chisholm [64], Friedel [65],
and Carey [47]. For colder extreme of the experimental data database (𝑇𝑎𝑚𝑏 < 20°C , 𝑁 = 298),
the best overall performing correlation was Carey [47] with MAPE of 11.02% and an NRMSE of
14.71%, followed by the correlations of Chisholm [64], Friedel [65], and Carey [47] and the
homogeneous model. For the hot extreme of the database (𝑇𝑎𝑚𝑏 > 30°C , N = 196), the best overall
performing correlation was Lockhart and Martinelli [55] with MAPE of 16.84% and an NRMSE
of 20.45%. followed by the Wallis correlation [63]. Most models overpredict the experimental data
during hot ambient temperature and underpredict the experimental data during cold ambient
temperature. Nearly all correlations have higher predictability during cold ambient temperatures.
An improved two-phase frictional pressure drop correlation is developed and proposed based on
the Wallis correlation [63]. The MAPE, NRMSE, and predictability of the new correlation are of
16.84%, 20.45% and 91.41%, respectively.
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FUTURE WORK

•

To further improve on the film thickness equation for filmwise condensation in inclined
tubes, the effects of interfacial shear and surface tension could be included. While the film
growth is typically gravity driven in ACC systems, these two effects become increasingly
relevant as the condenser becomes smaller and more efficient.

•

The Bezier curve interface can be explored further by using the slightly modified Rational
Bezier curve. This curvature definition allows for the approximation of polygons such as
triangles and squares which are being experimented with dry cooled systems operating on
supercritical CO2.

Fig. 6.1: Polygon approximation using rational Bezier curves
•

With regards to coupled domain fluid analysis, a conjugate heat transfer model could
improve the accuracy of the model to determine the impact of circumferential heat
conduction.
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•

Finally, it is apparent there is much that can be done to improve pressure drop predictive
models for air-cooled condensers. Future studies could involve the development of
mechanistic models that use film growth models.
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